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Abstract
To reduce the environmental impact of heavy-duty vehicles, it is critical to reduce their
CO2 emissions by improving the engine efficiency. A promising way to do this is by
extracting waste heat from the engine during operation and converting it into useful work.
This thesis presents a comprehensive evaluation of the performance of thermodynamic
cycles for waste heat recovery from heavy-duty engines. First, by identifying the com-
bination(s) of heat source, working fluid, and thermodynamic cycle that maximizes the
performance. Then, by evaluating the performance of the most promising solutions using
experimental investigations and detailed simulations.

The potential for waste heat recovery was investigated with steady-state simulations
considering two low-temperature and two high-temperature heat sources, a wide variety
of working fluids, and four thermodynamic cycles: the organic Rankine cycle (ORC), the
transcritical Rankine cycle, the trilateral flash cycle, and the organic flash cycle. The best
overall performance was obtained with the ORC using acetone, benzene, cyclopentane,
ethanol, or methanol as the working fluid, or with R1233zd(E), MM, or Novec649 if
a non-flammable and non-toxic fluid was preferred. The engine coolant was the best
performing low-temperature heat source, recovering 1.5 % of the engine power, and the
exhaust gas was the best performing high-temperature heat source, recovering up to 5 %.
By combining multiple heat sources in series, almost 8 % was recovered. Using a dual-loop
system with the engine coolant and exhaust gas as the heat source, fuel consumption was re-
duced by over 5 %, rising to 9 % if the engine coolant temperature was increased to 140 ◦C.

Two test setups were constructed to experimentally investigate the performance of the
simulated systems. The high-temperature setup consisted of an Rankine cycle with water
using the exhaust gases as the heat source while the low-temperature setup recovered heat
from the engine coolant using an ORC with R1233zd(E) as the working fluid. Based on the
experimental findings, models of both setups were developed to predict their performance
over a driving cycle. The low-temperature system was able to recover 0.73 % of the to-
tal energy required by the engine, while the high-temperature system could recover 3.37 %.

Keywords: expander, heavy-duty Diesel, internal combustion engine, long haul truck,
low-temperature, organic flash cycle, organic Rankine cycle (ORC), transcritical Rankine
cycle, trilateral flash cycle, waste heat recovery
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Nomenclature

A area (m2)
AU global heat transfer coefficient (W/K)
cp specific heat capacity (J/kg/K)
Cd discharge coefficient (-)
D diameter (m)
Dh hydraulic diameter (m)
fa supply cut-off ratio (-)
fp exhaust cut-off ratio (-)
h specific enthalpy (J/kg)
MW molecular weight (kg/kmol)
ṁ mass flow rate (kg/s)
N rotational speed (rpm)
Nu Nusselt number (-)
p pressure (Pa)
Pr Prandtl number (-)
q̇ heat flux (W/m2)
Q heat transfer (J)
Q̇ heat transfer rate (W)
rp pressure ratio (-)
Re Reynolds number (-)
s entropy (J/kg/K)
t time (s)
T temperature (K)
V volume (m3)
Vs swept volume (m3)
U overall heat transfer coefficient (W/m2/K)
V̇ volume flow rate (m3/s)
W work (J)
Ẇ power (W)
x vapor quality (-)

Greek symbols
α heat transfer coefficient (W/m2/K)
γ heat capacity ratio (-)
η efficiency (-)
ε effectiveness (-)
φf filling factor (-)
λ thermal conductivity (W/m/K)
µ dynamic viscosity (Pa.s)
ρ density (kg/m3)
τ torque (Nm)
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Subscripts
amb ambient
bpv bypass valve
c cycle
ch channel
cond condenser
cool coolant
corr correction
cp compression
crit critical
el electrical / element
eng engine
evap evaporator
ex exhaust
exh exhaust
exp expander
fv flash vessel
int internal
is isentropic
leak leakage
liq liquid
mech mechanical
mxr mixer
n nominal
pmp pump
pp pinch point
sat saturated
sh shaft
si sink
so source
su suction
sub subcooled
sup superheated
th theoretical / thermodynamic
thr throat
tv throttling valve
vap vapor
w wall
wf working fluid
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Abbreviations
cac charge air cooler
bpv bypass valve
bte brake thermal efficiency
cfd computational fluid dynamics
eats exhaust aftertreatment system
egr exhaust gas recirculation
egrc exhaust gas recirculation cooler
esc European stationary cycle
hd heavy-duty
ht high-temperature
ice internal combustion engine
hw highway
ghg greenhouse gas
gwp global warming potential
ld light-duty
lt low-temperature
odp ozone depletion potential
oem original equipment manufacturer
ofc organic flash cycle
tfc trilateral flash cycle
orc organic Rankine cycle
trc transcritical Rankine cycle
sv safety valve
vfd variable frequency drive
whr waste heat recovery
whtc world harmonized transient cycle
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1 Introduction
1.1 Motivation
Anthropogenic emissions of greenhouse gases (GHG), and particularly CO2, have risen to
levels without precedent in human history. This is having a widespread impact on human
and natural systems, leading to warming of the atmosphere and oceans, diminishing snow
and ice cover, and rising sea levels [1]. Fig. 1.1 shows how atmospheric CO2 levels (plotted
in black) and temperatures (plotted in orange) have evolved since 1850 [2].

Fig. 1.1: The CO2 concentration and the average atmospheric temperature deviation from
the 1961 – 1990 baseline since 1850 [2].

A few economic sectors - industry, residential and commercial, energy, agriculture, and
transport - are responsible for the majority of the GHG emissions worldwide. The relative
contributions of these sectors within the European Union (EU) in 2017 [3] are shown in
Fig. 1.2. The transport sector is one of the largest contributors, being responsible for
over 25 % of all GHG emissions. Also visualized in Fig. 1.2 are the relative contributions
of the different modes of transport: aviation, maritime, and road. The road transport
contribution can be further broken down into contributions due to cars, light-duty (LD)
trucks, and heavy-duty (HD) trucks and buses. This breakdown reveals that heavy-duty
trucks and buses account for more than 5 % of the total GHG emissions in Europe [3].
This is similar to the contributions in the United States (US), where medium- and
heavy-trucks are responsible for almost 6.5 % of all GHG emissions [4], and to the global
contributions with emissions from heavy-duty road freight estimated at over 5 % of the
total energy-related GHG emissions [5]. It is thus clear that reducing GHG emissions
from heavy-duty trucks could significantly reduce overall GHG emissions.
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Fig. 1.2: GHG emissions for the EU in 2017 showing the relative contributions of major
sectors (left) and the shares of the individual modes within the transport sector (right) [3].

Most vehicles within the transport sector are powered by an internal combustion engine
(ICE). In an internal combustion engine, a fuel-air mixture is combusted and the subse-
quent expansion produces power that can be used to propel the vehicle. Nowadays, over
90 % of HD truck engines are Diesel engines, mainly because of the high energy density
of Diesel fuel, the reliability and efficiency of the engines, and their high torque relative
to their size [5]. Burning the fuel is the direct cause of CO2 emitted to the atmosphere.
These emissons can be reduced by improving the efficiency of the engine, which causes the
fuel consumption at a given power level to be reduced. Accordingly, countries including
the US, Canada, India, Japan, and China adopted mandatory fuel efficiency standards
for heavy-duty vehicles [6]. Similarly, the EU recently adopted CO2 emission standards
for HD vehicles that require emissions to be reduced by 15 % from 2025 onward and 30 %
from 2030 onward, relative to the 2019 baseline [7].

Although increasing the engine efficiency helps reduce GHG emissions from individual
HD vehicles, it does not necessarily mean that the total emissions will decrease. In fact,
an increase in efficiency could even increase the rate of resource consumption due to a
rising demand; an effect known as Jevon’s paradox [8]. Parallel increases in efficiency
and GHG emissions have indeed been observed for HD vehicles: Fig. 1.3 shows that HD
engine efficiencies have risen from 1990 onward, but so too have GHG emissions for the
EU and US. In the EU, emissions have increased by approximately 20 % relative to the
1990 baseline [9] and projections suggest that emissions in 2050 will be 33 % higher than
the 1990 baseline [3]. Furthermore, burning fossil fuels to propel vehicles is inherently
unsustainable because fossil fuels are finite resources. Therefore, in the long-term, it
will be necessary for HD vehicles to transition to powertrains that rely on hydrogen and
electricity. However, it is currently expected that most HD vehicles will continue to be
powered by internal combustion engines until at least 2050 [5]. Consequently, there is an
urgent need for research and regulations to stimulate and facilitate the development and
production of efficient engines for the coming years.
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Fig. 1.3: In black, changes in heavy-duty engine efficiency since 1990. The two last points
show the (estimated) outcomes of the Supertruck I and II research programs [10]. In
orange, the GHG emissions in million tonnes of CO2 equivalent for heavy-duty trucks and
buses in the EU [9] and medium- and heavy-duty trucks in the US [11].

1.2 Scope
Engine efficiency is a measure of the proportion of the energy contained in the fuel that
is converted into useful work. This energy is released when the fuel is mixed with air and
combusted in the engine. Energy not converted into useful work is primarily dissipated
to the environment in the form of heat. Thus, if an engine is 40 % efficient, 60 % of
the energy in the fuel is lost as heat. Engine efficiency can be increased by altering the
design of the engine so that less heat is lost. A more indirect way to improve the engine
efficiency is to recover (a part of) the wasted heat and converting it into useful work. As
the description suggests, this process is called waste heat recovery (WHR). One way to
recover waste heat is to use a thermodynamic cycle, i.e. a system comprising a series of
connected thermodynamic processes that is designed to transfer energy or produce work
and ultimately returns to its initial state.

This thesis investigates the performance of thermodynamic cycles for waste heat recovery
from heavy-duty truck engines with the purpose of increasing engine efficiency. The
potential for waste heat recovery of different heat sources within the engine is assessed,
where the heat sources are classified as either high-temperature or low-temperature,
depending on the temperature of the available energy. The performance of the cycle and
its separate components is evaluated for a variety of working fluids, using both simulations
and experiments.
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1.3 Research Questions
Within the domain of waste heat recovery from heavy-duty truck engines, four research
questions were formulated to guide the work presented in this thesis:

• Which heat source(s) offer the greatest potential for waste heat recovery, taking
into account both low- and high-temperature sources?

• According to simulations, which combination(s) of heat source, working fluid and
thermodynamic cycle deliver the best thermodynamic performance?

• According to experiments, what is the actual performance of the combination of
a heavy-duty Diesel engine and a waste heat recovery system, both for low- and
high-temperature heat sources?

• What are the key aspects governing the thermodynamic performance of waste heat
recovery systems for heavy-duty engines?

1.4 Outline
This introduction is followed by Chapter 2, which introduces the theoretical framework
needed to understand waste heat recovery from engines, including the important aspects
of the low- and high-temperature heat sources in a heavy-duty Diesel engine, the selected
thermodynamic cycles, the main cycle components, and the working fluids. Chapter 3
describes the experimental setups used in this thesis, which include two different heavy-duty
Diesel engines, a high-temperature waste heat recovery setup, and a low-temperature waste
heat recovery setup. Chapter 4 explains the two approaches used to model thermodynamic
cycles: 0D modeling for evaluating the thermodynamic performance and 1D modeling
for more detailed evaluation of the performance of individual components, which were
calibrated and validated against the experimental results. Chapter 5 summarizes the
publications included in this thesis and their findings. This is followed by a discussion of
the findings in Chapter 6, which focuses primarily on comparing waste heat recovery from
low- and high-temperature heat sources, the effect of elevated coolant temperatures, and
heat rejection from a truck. Finally, Chapter 7 and 8 conclude the thesis by highlighting
the most relevant findings and by offering suggestions for further research on waste heat
recovery systems for heavy-duty engines.
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2 Waste Heat Recovery from Engines
Waste heat recovery enables the transformation of waste heat into other useful forms of
energy without requiring the input of additional electrical energy and is regarded as an
effective technology for green and sustainable development in various industries [12]. For
example, organic Rankine cycles (ORC) for waste heat recovery have been commercially
operated since 1995 using energy sources such as biomass combustion, geothermal heat,
solar radiation, or industrial waste heat [13]. The idea of recovering waste heat from
engines is also not new: in 1976, Patel and Doyle [14] reported an experimental study on
an ORC for recovering waste heat from the exhaust gases of a heavy-duty engine. Based
on their test results they concluded that a system with optimal components should be able
to improve fuel economy by 15 % over a duty cycle. Today, these figures seem optimistic:
most modern studies suggest that the achievable reductions in fuel consumption are
between 2 and 10 % [15–17].

The interest for waste heat recovery from internal combustion engines has not been purely
academic either. Most automotive OEMs have already investigated and developed proto-
type systems, although no commercial application has been realized. In 2007, Honda [18]
tested an ORC for recovering heat from the exhaust gases of a hybrid vehicle. Similarly,
in 2008 and 2012, BMW [19, 20] conducted experimental studies on heat recovery from
the coolant and exhaust gases using the ORC. More recently, Volkswagen [21] and Volvo
Cars [22, 23] have presented results on ORC systems for waste heat recovery in hybrid
vehicles. There has also been industrial interest in waste heat recovery for heavy-duty
applications. In the US, several organizations and universities are participating in the
Supertruck II program [24], an initiative to improve the brake thermal efficiency (BTE) of
heavy-duty engines using waste heat recovery among other technologies. In this program,
Cummins, Daimler, and Peterbilt [15] aim to improve the BTE from 50 to 55 % with
waste heat recovery as one of the key pathways. Other OEMs that have expressed interest
in the topic include MAN [21], Scania [25], and Volvo Group [26].

The purpose of this chapter is to establish the theoretical foundations needed to understand
the rest of the thesis. Section 2.1 provides a brief overview of the heavy-duty engine and
its most relevant engine operating points and heat sources as well as several waste heat
recovery methods for engines. Section 2.2 explores thermodynamic cycles for waste heat
recovery in more detail. This is followed by a description of the main cycle components
in Section 2.3 and the key properties of working fluids in Section 2.4.
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2.1 Internal Combustion Engines

In an internal combustion engine fuel is burned or oxidized in order to convert the chemical
energy contained in the fuel into mechanical power [27]. The first successful internal
combustion engines were created by modifying steam engines, but dedicated designs soon
appeared: in 1876, Nikolaus Otto successfully implemented the four-stroke process in sta-
tionary spark-ignition engines and in 1886, Karl Benz and Gottlieb Daimler independently
developed the light, high-speed engine from which most modern gasoline engines are
descended [28]. Six years later, Rudolf Diesel patented a new kind of internal combustion
engine that is now known as the Diesel or compression-ignition engine [27]. Initially
used only for stationary applications, the Diesel engine entered mass production in the
1920s [29] and has since become one of the world’s most widely used engine types. Today,
a great variety of Diesel engines, both naturally-aspirated and turbocharged, are used
for power generation and the propulsion of automobiles, trucks, locomotives, and marine
vessels [27]. Engines for vehicle applications are usually categorized as light-duty (LD),
medium-duty (MD), or heavy-duty (HD), based on their vehicle weight classifications [30].
This thesis focuses on heavy-duty Diesel engines for long haul trucks.

The basic lay-out of a heavy-duty Diesel engine is depicted schematically in Fig. 2.1.
Ambient air entering the engine is compressed by the turbocharger compressor and cooled
by the charge air cooler (CAC) before entering the cylinders. Fuel is then injected into
the cylinders and the fuel-air mixture is compressed, causing it to ignite and release its
energy. Some of the energy released during combustion is transferred to the coolant. After
combustion, the exhaust gas leaves the cylinders. A portion of the exhaust gas is cooled
in the exhaust gas recirculation cooler (EGRC), mixed with the intake air, and returned
to the cylinders. The remainder is expanded in the turbocharger turbine and leaves the
exhaust via the exhaust aftertreatment system (EATS), still containing a substantial
amount of useful energy.

Fig. 2.1: Schematic depiction of a heavy-duty Diesel engine with exhaust gas recirculation.
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The operating conditions of an engine are determined by its operating point, i.e. its speed
and load. Engine operating points are commonly referred to using the classification of
the European stationary cycle (ESC) even though the ESC has been superseded by the
world harmonized stationary cycle (WHSC) as a test cycle for emission measurements.
Under this classification, the engine speed is indicated by one of the letters A, B, or C,
corresponding, respectively, to low, intermediate, and high speed. The engine load is
indicated by a number (25, 50, 75, or 100), which corresponds to the percentage of the
engine’s maximum load at the engine speed indicated by the preceding letter. During
a test cycle, an engine must be operated for a prescribed time at different operating
points; its emissions are measured at each point and averaged over the cycle using a
set of weighting factors [31], as shown on the left of Fig. 2.2. However, while the ESC
weighting factors are used for emission certification, they do not accurately reflect the
relative amounts of time spent at the corresponding operating point during a typical real
driving cycle. Fig. 2.2 also shows the weighting factors for the ESC operating points that
reflect the actual relative amount of time spent at each operating point during a typical
high-way driving cycle for a long haul truck [32].

Fig. 2.2: Weighting factors for different operating points in the European stationary cycle
(left) and a typical long haul driving cycle (right).

To reduce the adverse impact of transportation on the environment, considerable effort has
been invested into finding ways to the reduce emissions of the internal combustion engine,
such as CO2, NOx, particulate matter, and unburned hydrocarbons. CO2 emissions can
be reduced by increasing engine efficiency and thereby reducing the brake specific fuel
consumption (bsfc). Many different strategies for increasing the efficiency of heavy-duty
engines have been investigated, including combustion efficiency improvements, cylinder
deactivation, using renewable fuels, predictive powertrain control, reducing losses, waste
heat recovery, and hybridization [15, 33–35]. Future concepts that may further increase
the efficiency include full electrification, hydrogen combustion, fuel cell vehicles, and free
piston engine generators [5, 36].
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2.1.1 Waste Heat Recovery Methods
Several technologies exist that could potentially be used to increase engine efficiency via
waste heat recovery. Four options that have attracted particular research interest for
heavy-duty engines are introduced below.

Turbocompounding

In a turbocompound engine, an extra power turbine is added downstream of the tur-
bocharger turbine to extract energy from the exhaust gases. The extra turbine is driven
directly by the exhaust gases and can be either coupled to an electric generator or
mechanically coupled to the engine. Mechanical coupling requires an extra reduction
gear drive, which increases the complexity and costs of the system. Electrical coupling
has the advantage that the turbine speed becomes independent of the engine speed,
although the additional generator increases costs and adds to the packaging [37]. The
main drawback of turbocompounding is that it increases back-pressure in the exhaust
manifold, meaning that the engine must do more work to expel the exhaust gases and
thus reducing engine efficiency. Its advantages include relative simplicity, low volume, and
low cost [38]. Turbocompounding is used in a number of commercial heavy-duty engines
produced by manufacturers including Detroit Diesel, Iveco, Volvo, and Scania. The current
technology shows the potential for fuel consumption reductions between 1 and 5 % [38–40].
However, such reductions are not achieved under all operating conditions; at low engine
load, turbocompounding may even cause a slight increase in fuel consumption [40].

Thermoelectric generators

A thermoelectric generator (TEG) is a solid-state device that transforms heat into
electricity by means of the Seebeck effect, which is the ability of a material to produce
current when submitted to a temperature gradient [39]. While the major drawback of
TEGs is their low thermodynamic efficiency (< 4 %) [41], their small packaging, lack of
moving parts, and direct conversion of heat to electrical energy make them attractive for
automotive applications [42]. Experimental studies on a Scania prototype truck with two
TEGs showed that up to 1 kW of electrical power could be generated over a range of
engine operating points [43]. In another experimental study, He et al. [44] used a TEG
for waste heat recovery from the exhaust gases of a heavy-duty Diesel engine, obtaining
up to 1.4 kW of electrical power and a thermodynamic efficiency of around 4 % over the
world harmonized transient cycle (WHTC).
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Thermoacoustic engines

A relatively new WHR technology is the thermoacoustic engine (TAE), which converts
heat energy into high amplitude acoustic waves and subsequently into electric power.
TAEs have the main advantage that they can be used wherever a suitable heat source
exists. The onset temperature difference required for the device to start producing power
depends on its design and operating conditions, but it can be relatively low compared to
other technologies [45]. TAEs have been studied extensively over the years in contexts
including cryogenic, cold generation, heat pumps, electric power generation, and waste heat
recovery; they have also recently been considered for waste heat recovery in automotive
applications [46]. Simulations suggested that a maximum acoustic power of almost 0.5 kW
could be obtained with a thermodynamic efficiency of 13 % in a heavy-duty engine [47].
In another simulation study, the same authors predicted a maximum acoustic power of
more than 2 kW in heavy-duty applications [48].

Thermodynamic cycles

Among the most promising technologies for waste heat recovery are those that use
thermodynamic cycles to capture heat from the engine during operation and convert it
into useful power. Different cycles have been studied and since these technologies are the
focus of this thesis, they are discussed in detail in Section 2.2.

2.1.2 Heat Sources
A heavy-duty engine has four major sources that could potentially be targeted for waste
heat recovery: the CAC, the coolant, the EGRC, and the exhaust gases. The potential of
a heat source not only depends on the quantity of the available energy but also on the
quality, which is reflected by its temperature. The EGRC and exhaust gases are classified
as high-temperature heat sources, while the CAC and engine coolant are classified as
low-temperature sources. The maximum quantity of energy available from the heat source
can be calculated by subtracting the energy under ambient conditions from the energy
under exhaust outlet conditions:

Q̇loss = ṁexh(hexh,out − hamb) (2.1)

The quality of an energy flow can be evaluated by converting it into an exergy flow based
on the mean temperature (T ) at which the energy is available [49]:

Ẋloss = Q̇loss
T − Tamb

T
(2.2)
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To illustrate the amounts of available quantity and quality from the different heat sources
over the full operating range of a heavy-duty Diesel engine, the ranges of the relative
contributions of the heat losses and exergy losses are visualized in Fig. 2.3. These
ranges, taken from an heavy-duty engine model [50], show that the sources with the
most pronounced differences between their relative heat and exergy loss are the coolant
(due to its relatively low temperature between 80 and 95 ◦C) and the EGRC (due to its
relatively high temperature between 400 and 600 ◦C). The temperature of the CAC is
typically between 100 and 200 ◦C, while that of the exhaust gases is usually between
200 and 350 ◦C. The label Other represents other heat losses in the engine, primarily heat
losses in the exhaust piping and the EATS.
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Fig. 2.3: Heat loss and exergy losses for the different heat sources in a heavy-duty Diesel
engine over its full operating range [50].
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2.2 Thermodynamic Cycles
The use of thermodynamic cycles for waste heat recovery from energy sources including
geothermal, solar, biomass, industrial heat, and internal combustion engines has been
studied extensively [13]. Thermodynamic cycles consist of sequences of thermodynamic
processes involving heat transfer and work so that the system undergoes various changes
in temperature and pressure before returning to its original state. Some of the heat taken
from heat source is converted into mechanical work while the rest is rejected to a heat
sink. This section provides an overview of major areas of research on waste heat recovery
from engines using thermodynamic cycles, with particular emphasis on the last four cycles
as these were selected for further investigation in the remainder of this thesis.

2.2.1 Brayton Cycle
The Brayton cycle involves adiabatic compression of a gas using a compressor, heat
addition at constant pressure, adiabatic expansion in a turbine (typically coupled to the
compressor), followed by cooling at constant pressure. Advantages of this cycle include a
low number of moving parts, vibration-free operation, high durability, low weight, and
good compatibility with vehicle electrification strategies. In addition, the Brayton cycle
is readily integrated into existing engine designs because of the ability to use ambient
air as the working fluid. Unfortunately, its low efficiency in automotive applications is a
major barrier to its practical use in current applications [51]. A simulation based study
on the use of an inverted Brayton cycle for WHR from the exhaust gases of a 3.0 L Diesel
engine was reported by Di Battista et al. [52], who found that mechanical recoveries of
up to 3.5 % were possible. The Brayton cycle could also be used for WHR from the
exhaust gases of a series hybrid electric vehicle; simulations conducted by Nader et al. [51]
suggested that the fuel economy of a 1.2 L gasoline engine could be improved by up to
7.0 % in this way. A case involving a larger engine was studied by Uusitalo et al. [53],
who used simulations to evaluate the performance of a supercritical Brayton cycle with
different working fluids for WHR from an 18 MW Diesel engine and obtained a maximum
predicted electrical output of 1.8 MW.

2.2.2 Stirling Cycle
A Stirling engine is a heat engine that operates in a closed cycle connecting two heat
reservoirs. The engine consists of three main parts: a hot volume, a cold volume, and
a regenerator [54]. The compressible working fluid in a Stirling cycle engine (which
may be air, helium, hydrogen, or nitrogen among other gases) undergoes periodical
compression and expansion at different temperatures to convert thermal energy into
mechanical work [55]. The reliability, efficiency, and specific work output of a Stirling
engine are significantly lower than those for the organic Rankine cycle (ORC; see below)
over any given temperature range, but its been suggested as an alternative to the ORC
for WHR in vehicles because of its simplicity and compactness, high thermodynamic
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efficiency, and silent operation [54]. Güven et al. [54] simulated WHR from the exhaust
gases of a 315 kW, 10.7 L heavy-duty Diesel engine using a Stirling engine and found that
the studied system generated a mechanical power output of around 3 kW, corresponding
to over 1.3 % of the engine’s power or a fuel consumption reduction of around 1 %.

2.2.3 Kalina Cycle
In a Kalina cycle, a multicomponent (zeotropic) mixture is used as the working fluid. The
concentration of the working fluid is varied over the cycle by supplementing condensation
with absorption [56]. The use of a zeotropic mixture results in non-isothermal evaporation
and condensation, potentially allowing the working fluid to achieve a good thermal match
with both the heat source and the heat sink [57]. Consequently, the Kalina cycle can
have quite high thermodynamic efficiencies. Despite the higher efficiencies, drawbacks
of the cycle include high system complexity and cost [58]. Larsen et al. [57] showed
that an enhanced Kalina cycle known as the Split-cycle could reach thermodynamic
efficiencies of up to 23 % for WHR from the exhaust of a large marine Diesel engine using
an ammonia/water mixture as the working fluid. Similarly, Mohammadkhani et al. [59]
conducted simulations to evaluate the performance of a Kalina cycle for WHR from a
99 kW, 5.7 L Diesel engine. Their system consisted of a single-loop configuration with an
ammonia/water mixture as the working fluid extracting heat from both the coolant and
the exhaust gases. The predicted power recovery using this system was up to 22 kW at
maximum engine power.

2.2.4 Organic Rankine Cycle
In a conventional Rankine cycle, water is pressurized, evaporated, and superheated before
being expanded in a turbine and condensed. The organic Rankine cycle (ORC) is similar
to the Rankine cycle, but uses a refrigerant or organic liquid as the working fluid instead
of water. This has the advantage of making the technology compatible with virtually any
external thermal energy source; it can operate with temperature differences between the
heat source and sink ranging from approximately 30 to 500 ◦C [13]. Other advantages of
the ORC include high flexibility, safe operation, low maintenance requirements, and good
thermodynamic performance [60]. The ORC already established itself as a technology for
generating power by converting heat from low- to medium-temperature heat sources [13],
and several ORC manufacturers (e.g., Turboden, Opcon Powerbox, Orcan, and EXERGY)
produce units for commercial stationary applications in various industrial sectors [39].
Numerous experimental and simulation studies have been conducted to evaluate the per-
formance of the ORC for WHR from heavy-duty engines. The exhaust gases are favored
as a heat source but the potential of the other heat sources (the CAC, the coolant, and the
EGR cooler) has also been investigated; typical reported fuel consumption improvements
are between 2 and 10 % [16, 17, 41, 60–64].
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The main processes of the ORC are illustrated on the right of Fig. 2.4 and the corresponding
temperature-entropy (Ts) diagram is shown on the right.
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Fig. 2.4: Schematic overview of the ORC and the corresponding Ts-diagram.

The ORC involves a sequence of physical processes that are performed by the different
components of the cycle: the pump, the evaporator, the expander, and the condenser.
The thermodynamic processes performed by each component are described below, where
the numbering of steps correspond to that used in Fig. 2.4. A more detailed treatment of
the different components is provided in Section 2.3.

Pump (1 → 2)

The main function of the pump is to pressurize the fluid by compressing it; the fluid enters
the pump as a low-pressure liquid and exits as a high-pressure liquid. For simulations, it
is sufficient to set inlet pump conditions equal to saturated liquid conditions. However, in
practical systems a small amount of subcooling is needed to ensure that the fluid is in the
liquid state at the pump inlet. In some cases, it may be necessary to have a significant
amount of subcooling to avoid cavitation in the pump. In the Ts-diagram it is difficult to
distinguish between point 1 and 2, because the isobars for liquid are very closely spaced.

Evaporator (2 → 3)

The high pressure liquid from the pump enters the evaporator, where the heat is transferred
from the heat source (a → b) to the working fluid (2 → 3). During this process the heat
source should provide enough energy to preheat, evaporate, and superheat the working
fluid (corresponding to transitions from subcooled to saturated liquid, then to saturated
vapor, and finally to superheated vapor). The main difference between the ORC and
the other cycles studied in this thesis is in the evaporation process. In the ORC, the
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fluid phase changes from liquid to vapor at a fixed pressure and temperature during
evaporation. A small amount of superheating is necessary to ensure full vaporization
of the fluid. For wet fluids (see Section 2.4) additional superheating may improve the
performance and could even be necessary to prevent an excessively high liquid content at
the end of expansion.

Expander (3 → 4)

The superheated working fluid leaving the evaporator enters the expander, where the
high-pressure, high-temperature vapor expands, converting part of its thermal energy to
mechanical movement that can in turn be converted into power.

Condenser (4 → 1)

In the condenser, the working fluid transitions to the subcooled liquid state (4 → 1) by
rejecting the heat to the heat sink (c → d). Depending on the working fluid, it will enter
the condenser either as a superheated vapor (at low pressure) or a two-phase mixture.

2.2.5 Transcritical Rankine Cycle
The transcritical Rankine cycle (TRC) has the same basic components as the ORC (see
Fig. 2.4). The difference is that the working fluid is pressurized above its critical pressure
at the pump outlet and therefore exists in a supercritical state with no clear distinction
between liquid and vapor phases. Consequently no evaporation takes place between point
2 and 3, as shown in Fig. 2.5. In a transcritical cycle, the working fluid at high pressure
is under supercritical conditions and under subcritical conditions at low pressure whereas
in a supercritical cycle the fluid is in the supercritical state irrespective of the pressure.
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Fig. 2.5: Ts-diagram of the TRC.

Under supercritical conditions, the working fluid is not constrained to a fixed temperature
interval; instead, its temperature increases gradually in the heater (2 → 3). The resulting
temperature slope potentially allows for a better match with the heat source tempera-
ture profile, resulting in improved heat transfer and possibly better cycle performance.
Additionally, avoiding the two-phase region during heat transfer allows the use of more
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compact heat exchangers. The drawbacks of supercritical operation are the relatively high
operating pressures, control difficulties related to operation close to the critical point, and
potential issues relating to the thermal stability of organic fluids [40]. However, one of
the most popular working fluids for the TRC is CO2, which does not suffer from thermal
instability [65]. Shi et al. [66] experimentally compared four CO2-based TRC systems for
WHR from a 243 kW, 8.4 L heavy-duty Diesel engine using an expansion valve instead
of an expander. Based on their results, they estimated a maximum net power output of
3.5 kW. In a more recent simulation study using the same engine as the heat source, Li et
al. [65] showed that a TRC with CO2 could reduce fuel consumption by up to 2.3 %.

2.2.6 Trilateral Flash Cycle
The trilateral flash cycle (TFC) uses the same components and operating principles as the
ORC (see Fig. 2.4). However, as shown in Fig 2.6, the working fluid is only heated to its
liquid saturation point before being expanded (2 → 3) rather than being superheated.
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Fig. 2.6: Ts-diagram of the TFC.

Because the working fluid is in the saturated liquid state at the start of the expansion,
the fluid remains in two-phase throughout the expansion process. Although experimental
results for a two-phase expander with up to 76 % isentropic efficiency have been published
[67], the lack of a commercially available efficient two-phase expanders is a significant
impediment to the wider use of this cycle [68]. Choi et al. [69] simulated the TFC using
water in combination with an ORC using R1234yf in a dual-loop configuration for WHR
from the exhaust gases of a 69 MW marine engine. Their results indicated a maximum
power output of over 2 MW, leading to a 2.8 % improvement in engine efficiency.

2.2.7 Organic Flash Cycle
The organic flash cycle (OFC) combines the principles of the ORC and TFC by flashing the
saturated liquid to an intermediate pressure. It was originally developed for geothermal
applications [70] and was later modified and enhanced to use for waste heat recovery
[71, 72]. A schematic of the OFC is presented on the left of Fig. 2.7 with the corresponding
Ts-diagram on the right.
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Fig. 2.7: Schematic overview of the OFC and the corresponding Ts-diagram.

In the OFC, like the TFC, the working fluid is compressed and heated to its liquid
saturation point (1 → 3). However, the TFC has a number of components not used in
the ORC, which are described below.

Flash vessel (3 → 4)

Instead of expanding directly as saturated liquid, the fluid is flashed to a lower pressure
using a throttling valve. This creates a two-phase mixture that is separated in the flash
vessel. The liquid part continues to the throttling valve, while the vapor enters the
expander. The use of the intermediate pressure and flash vessel avoids the wet expansion
at the cost of a reduced pressure and mass flow.

Throttling valve (4" → 5")

The pressure of the liquid in the flash vessel must be reduced before it enters the condenser;
this is achieved using a second throttling valve that causes the the saturated liquid to
become a two-phase mixture.

Mixer (5’, 5" → 6)

The flows from the expander and the liquid throttling valve are mixed before they enter
the condenser.
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2.3 Cycle Components
Thermodynamic systems for waste heat recovery consist of many different components, but
the ORC-derived cycles discussed in the preceding section all have four main components:
the pump, the evaporator and condenser, and the expander.

2.3.1 Pump
Although configurations have been explored where the pump is directly coupled to the
engine crankshaft [73] or the expander [74], the pump is almost always controlled via
its own electric motor. Independent pump speed control maximizes the flexibility for
controlling the mass flow rate of the working fluid, which improves the pump response.
In addition, there are no restrictions on the location of the pump if it is not coupled to
another device, which makes system packaging and integration easier [17].

Pumps for ORC applications are generally modeled by assuming a constant estimated
pump efficiency without any detailed supporting study on the real performance of the
pump under different operating conditions [75]. The efficiency is generally estimated
to be quite high (between 65 % and 85 % [75]) compared to the reported experimental
values, which are between 10 % and 50 % [76–78]. Accurate estimates of pump efficiency
are crucial for small WHR systems because the power consumption of the pump can
significantly affect the net power output, especially for low-temperature applications.

2.3.2 Heat Exchangers
Heat exchangers for WHR systems come in many shapes and types, including shell and
tube, finned plate, and finned tube designs. They are typically characterized by their
flow arrangement, e.g. parallel-flow, counter-flow, or cross-flow [79]. Shell and tube
heat exchangers are generally used in large-scale applications, whereas finned plate heat
exchangers are used in small-scale applications due to their compactness [17]. When
designing heat exchangers, there is a trade-off between heat transfer and pressure drop:
efforts to enhance heat transfer typically result in larger pressure drops [65]. The pressure
drop across the heat exchangers is often ignored when modeling the WHR system. However,
it is important to note that in reality the pressure drop can reduce the ORC system
performance, especially in space-constrained applications where it is necessary to restrict
the heat exchanger size while tolerating higher pressure drops [65]. Three different types
of heat exchanger are used in the thermodynamic cycles examined in this thesis: the
evaporator, the condenser, and possibly a recuperator.
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Evaporator

The evaporator is located between the pump and the expander; its purpose is to transfer
heat from the heat source to the cycle and to preheat, evaporate and superheat the fluid
before it enters the expander. For automotive applications it is especially important to
have a small pressure drop in the evaporator. For example, when recovering heat from the
exhaust gases, the added pressure drop causes increased backpressure, leading to higher
fuel consumption [80]. Additionally, in the case of coolant heat recovery, the pressures in
the cycle are so low that an added pressure drop can significantly reduce performance.

Condenser

The condenser is located between the expander and the pump; its purpose is to condense
and subcool the working fluid. For stationary applications and in engine test cells, the
condenser is cooled by process water. In an automotive application, it can be cooled either
by direct or indirect condensation. Direct condensation means that the working fluid is
cooled by a radiator that in turn is cooled by air, either the ram air or the air flow from a
radiator fan. Indirect condensation systems have an intermediate fluid, typically engine
coolant, that takes the heat from the cycle and rejects it via the radiator, using either the
engine’s existing cooling system or a dedicated one. The size of the front heat exchanger
is limited by the available space and depends on the presence of an engine radiator and
possibly also a charge air cooler, EGR cooler, or air-conditioning condenser [78].

Recuperator

The recuperator transfers the heat from the working fluid at the expander outlet to the
working fluid at the pump outlet. The recuperator increases the heat available for the cycle
and reduces the amount of heat rejected to the environment through the condenser [81].
A recuperator can only be used if the expander outlet temperature is higher than the
pump outlet temperature, which depends on the cycle conditions and the working fluid.

2.3.3 Expander
The expander converts the available energy in the working fluid into electrical or mechanical
power, depending on the coupling. Although electrical coupling is associated with higher
overall losses than mechanical coupling because of generator, storage, and supply losses, it
allows the expander speed to be controlled independently. This optimizes the performance
and the energy can be stored or used at the most convenient time. The best of both
worlds can be obtained by adding a clutch to enable switching between mechanical and
electrical coupling [22], although this increases the costs and complexity. Two types
of expanders exist: the velocity type (or turbo-expander) and the volumetric type (or
positive displacement expander) [82]. The most common velocity type expanders are axial
and radial turbines, while the most common volumetric types are screw, scroll, piston,
and vane expanders [17, 83]. Volumetric type expanders typically have lower flow rates,
higher pressure ratios, and much lower rotational speeds than the velocity type [78].
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2.4 Working Fluids
The performance of the thermodynamic cycle depends heavily on the choice of working
fluid. Many different classes of working fluids are available, including hydrocarbons (HC),
perfluorocarbons (PCF), chlorofluorocarbons (CFC, HCFC), hydrofluorocarbons (HFC),
hydrofluoroolefins (HFO), ethers, alcohols, siloxanes, and inorganics (e.g. water). Despite
extensive research on working fluids and their effects on cycle performance, no one fluid
is optimal in all cases. This is mainly due to differences between applications, heat source
conditions, initial fluid selection, the applied boundary conditions and system limitations,
and the chosen selection criteria (e.g. packaging or environmental impact). The most
relevant properties of working fluids are discussed below, followed by an explanation of
the different methods for fluid selection. While the possibility of using mixtures is an
important consideration for fluid selection, mixtures are considered outside the scope of
this thesis and are therefore not discussed further.

2.4.1 Fluid Properties

Thermophysical properties

The thermodynamic performance of a working fluid is depends on several interdependent
thermodynamic properties such as its critical point, latent and specific heat, density, and
boiling temperature. The complexity of this interdependence makes it difficult to predict
the best-performing working fluid for any given application, especially given that it varies
with the conditions of the heat source.

The most effective heat transfer occurs when there is a good thermal match between
the temperature profiles of the heat source and the cycle. To optimize the specific work
extracted from the recovered heat, the pressure ratio over the expander can be increased
by either increasing the evaporating pressure or reducing the condensing pressure in the
system. Aside from the limitations relating to the fluid, the maximum pressure and
temperature are limited by the choice of materials for the components. On the condensing
side, having a pressure lower than the ambient pressure could cause air infiltration into the
system. An important design constraint for expanders, especially turbines, is the vapor
fraction after expansion; the amount of liquid in the vapor is often limited to prevent
droplets from damaging the expander. The vapor fraction after expansion depends on the
shape of the vapor saturation curve, which may be classified as wet, dry, or isentropic,
as shown in Fig. 2.8. For wet fluids, superheating is often used to avoid wet conditions
at the end of the expansion and to achieve higher power outputs. For isentropic fluids,
superheating may increase the power output, although the effect is small. Conversely, for
dry fluids, a high amount of superheating can even be detrimental [82, 84].
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Fig. 2.8: Saturation curves for three types of fluids: wet (left), isentropic (middle), and
dry (right).

The shape of the vapor saturation curve can be quantified using the definition for molecular
complexity (σ) [85], as shown in equation 2.3: σ is positive for dry fluids, negative for wet
fluids, and near zero for isentropic fluids [82, 85]. The higher the value of the molecular
complexity (positive or negative), the steeper the slope of the vapor saturation curve.

σ = Tcr

R

(
∂s

∂T

)
sv,Tr=0.7

(2.3)

Also important to consider are the transport properties of the fluids, such as their viscosity
and thermal conductivity. These properties affect the heat transfer and pressure drop
characteristics, which are especially important in heat exchanger design.

Thermal stability

At high temperatures, organic fluids may undergo chemical decomposition, which limits the
maximum temperature of the cycle [78]. Although it is difficult to obtain thermal stability
temperature data for many fluids, the maximum temperatures for several hydrocarbons,
fluorocompounds, and refrigerants have been estimated to be above 300 ◦C [86, 87],
although lower values of around 250 ◦C have also been reported [88]. While not a property
of the working fluid, the degradation temperature of the lubricant oil may also be an
important consideration if oil is mixed into the working fluid.

Component sizing, availability, and cost

The component size is especially important for automotive applications since there is
limited space available. The volume flow rate has a direct effect on the sizing of the
heat exchangers and expanders. Consequently, working fluids with high vapor densities
are preferred [89], both at the expander inlet and outlet. Other important practical
considerations are the availability and cost of the fluid. Techno-economic studies [78, 90]
take into account all these aspects by finding optimal solutions that maximize net power
output while minimizing system cost, weight and volume.
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Material compatibility

For practical systems, it is necessary to carefully consider the working fluid’s material
compatibility in terms of factors such as its corrosiveness and compatibility with seals.

Environmental, safety, and health concerns

The environmental impact of a working fluid is evaluated based on its ozone depletion
potential (ODP) and greenhouse warming potential (GWP). Under the Montreal Protocol,
CFCs have been phased out over the last few years and HCFCs will be phased out between
2020 and 2030 because of their high ODP values [84]. In the EU, fluorinated greenhouse
gases with GWPs above 150 are banned from use in air-conditioning systems for passenger
cars and light-duty vehicles, and the European Commission is considering extending
this ban to other vehicle classes including heavy duty vehicles [91]. Separately from the
environmental impact, the flammability of the fluid has important implications for its
safety in practical automotive applications. Properties detrimental to health such as
toxicity and carcinogenicity must also be carefully considered when selecting a working
fluid. Lion et al. [16] suggest that working fluid selection should be guided by the NFPA
704 Standard, which categorizes working fluids based on their health, flammability, and
chemical instability-reactivity hazards.

2.4.2 Fluid Selection

The considerations mentioned above mean that in addition to offering good thermodynamic
performance, the ideal fluid should be non-toxic, non-flammable, non-corrosive, thermally
stable, cost-effective, and have low or zero GWP and ODP values [13]. Since no such fluid
currently exists, compromises must be made when selecting a working fluid while ensuring
the chosen properties of the fluid are suitable for the intended application. Methods for
fluid selection can be conceptually divided into two groups:

Screening approach

In the screening approach, existing working fluids are identified from databases such as
CoolProp [92] or REFPROP [93] and evaluated by performing cycle simulations using
the given heat source conditions. This approach is the one most commonly used for fluid
selection and also the one used in this thesis. A major effort was made by Preißinger et
al. [94] who screened over 72 million chemical structures. They evaluated the performance
of the fluids in two different ORC configurations and three different cooling concepts to
generate a multi-criterion ranking for waste heat recovery in passenger cars and heavy-
duty trucks. Their overall results revealed that there is a trade-off between optimal
thermodynamic performance and safety issues: fluids with high net power output and low
ODP are often highly flammable, while well-performing non-flammable working fluids
often have environmental and toxicological drawbacks.

23



Molecular design approach

More recently, two alternative approaches were formulated for designing an optimal
working fluid rather than selecting an existing one based on the properties contained in a
database. The continuous molecular targeting (CoMT) approach uses a molecule-based
thermodynamic model in which the parameters representing a molecule are treated as
continuous. These parameters are optimized together with other process parameters, lead-
ing to an ideal hypothetical target molecule and a corresponding optimized process [95].
The parameters of the hypothetical molecule are subsequently compared to those of real
fluids to find the closest existing alternative. In general, the hypothetical fluid will not
perfectly match any real fluid, so it is usually impossible to find a fluid with optimal
properties. However, the results of the CoMT optimization provide an upper bound on the
performance of the process [96]. By contrast, computer-aided molecular design methods
(CAMD) use a database containing a few chemical groups that are used to generate
and search a vast number of conventional or novel molecular structures to identify the
molecules offering the best performance [97].

Schilling et al. [98] used a combined CoMT-CAMD approach for the integrated design
of ORCs and working fluids for optimal exhaust heat recovery in a heavy-duty vehicle
during transient operation. An important finding was that considering a single operating
point was insufficient to capture all aspects of transient behavior and led to suboptimal
selection of working fluids.
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3 Experimental Setups
Although there have been many studies on the use of ORCs for waste heat recovery,
published experimental results concerning heavy-duty Diesel engines are relatively scarce.
In most experimental studies investigating high-temperature heat sources, the exhaust
gases are used as the main heat source, but some studies have also considered the
EGR [26, 40, 99]. Turbine [77], piston [40], vane [100], scroll [101], and screw [102] ex-
panders have been investigated in combination with water [103], refrigerants [101, 102, 104],
ethanol [26], CO2 [66], HFE [99], MM [100], or Novec649 [105] as the working fluid.

Experimental studies on the potential of the engine coolant as a heat source for waste
heat recovery using an ORC are even fewer. Furukawa et al. [99] extracted the heat
from a combination of the engine coolant, EGR, and exhaust gases of a heavy-duty
engine using a turbine expander and HFE as the working fluid. For a light-duty engine,
Smague et al. [106] studied the performance of an ORC for WHR from the coolant with
a turbine expander and Novec649 as the working fluid using simulations and experiments.

The research presented in this thesis used two different experimental setups, both consisting
of a heavy-duty Diesel engine connected to an organic Rankine cycle for waste heat recovery.
This chapter first presents the specifications of the two 13 L heavy-duty Diesel engines that
were used as heat sources and then describes the experimental setups used to investigate
high- and low-temperature waste heat recovery. The results of these experiments are not
presented in this chapter; these are given in Publications D, E, and G.
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3.1 Heavy-Duty Diesel Engines
Two different heavy-duty Diesel engines were used, one for high-temperature waste heat
recovery and one for low-temperature waste heat recovery. Basically, the engine used for
LT-WHR (D13K540) is a more modern version of the engine used for HT-WHR (D13US)
with a higher power output. The specifications of both engines are shown in Table 3.1.

Table 3.1: Specifications of the heavy-duty Diesel engines.

Volvo D13 US Volvo D13K540

Configuration 4 Stroke 4 Stroke
6 Cylinder inline 6 Cylinder inline

Aspiration Turbocharged Turbocharged
EGR Long-route Short-route
Peak power 373 kW (500 hp) 397 kW (540 hp)
Peak torque 2373 Nm 2600 Nm
Compression ratio 16.0:1 17.0:1
Bore x Stroke 131 x 158 mm 131 x 158 mm
Displacement 12.8 L 12.8 L
WHR setup High-temperature Low-temperature

Engine measurements were obtained using a NI compactRIO chassis with dedicated
modules for temperature, analog, and digital signals. This was coupled to a LabVIEW
interface [107] with which measurements were collected every 100 milliseconds and written
to disk every second. The engine speed was set using a Schenck D900-1e water brake
with its own control unit. The engine torque was controlled with a standard truck gas
pedal that was mounted in the adjoining control room. Fuel flow was measured with an
AVL 730 fuel balance and the engine coolant flow with a Rosemount 8800A vortex flow
meter. The engine exhaust flow was measured using the pressure drop over a calibrated
venturi tube with a Yokogawa differential pressure sensor. Pressure signals were obtained
from WIKA A-10 analog pressure transmitters and the temperature signals using RS Pro
Type K thermocouples. A summary of the measurement devices with the corresponding
ranges and accuracies is shown in Table 3.2.

Table 3.2: Engine measurement devices and their accuracy.

Input Type Range Accuracy Unit

Engine speed Schenck D900-1e 0 – 6500 ± 2 rpm
Engine torque Schenck D900-1e -4000 – 4000 ± 8 Nm
Fuel flow AVL 730 0 – 150 ± 0.9 kg/h
Exhaust flow Yokogawa EJA110E 0 – 5000 ± 2.75 Pa
Exhaust pressure WIKA A-10 0 – 2.5 ± 0.03 bar(g)
Coolant flow Rosemount 8800A 0 – 10 ± 0.07 L/s
Coolant pressure WIKA A-10 0 – 4 ± 0.02 bar(g)
Temperature RS Pro Type K -75 – 1100 ± 1.5 ◦C
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3.2 Engine Exhaust Waste Heat Recovery

The high-temperature experimental results were obtained with the Volvo D13 US engine
from which the exhaust gases were used to evaporate water in a waste heat recovery setup.
The engine and HT-WHR setup are shown in Fig. 3.1 and a schematic overview of the
setup is shown in Fig. 3.2, which also shows the locations of the sensors. In the same way
as for the engine measurements, measurements of the WHR system components were
obtained using a NI compactRIO chassis coupled to a LabVIEW interface [107], sampling
every 100 milliseconds and writing to disk every second. The expander speed and torque
were obtained using the HBM T40B universal torque transducer. The mass flow was
measured directly with the Micro Motion F025S coriolis meter. Pressure readings were
obtained with WIKA A-10 pressure transmitters and temperatures with RS Pro Type K
thermocouples. The accuracies of these devices are shown in Table 3.3.

Fig. 3.1: Experimental setup for the exhaust waste heat recovery.

The specifications of the main WHR components are listed in Table 3.4. The HT-WHR
system used demineralized water as the working fluid, which was placed in a reservoir
open to the atmosphere. Water from the reservoir was pressurized by the pump; some of
the pressurized water flowed into the evaporator and some returned to the reservoir via
the controllable pump bypass valve (BPV). The pump bypass valve was used because
even at the minimum pump speed the flow was too large to achieve superheating at
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Fig. 3.2: Schematic of the exhaust waste heat recovery experimental setup.

the evaporator outlet under certain engine operating conditions. Although the pump is
relatively insensitive to changes in system pressure, the use of the pump bypass valve
meant that changes in the pressure considerably affected the flow through the evaporator,
making it more difficult to control flow in the system. From the pump, the fluid entered
the evaporator, which was developed specifically for this project. In the evaporator, the
fluid was preheated, evaporated, and superheated using the exhaust gases from the engine.
If the superheated conditions were not met (e.g. during start-up), the expander inlet and
outlet valves were closed and the fluid flowed through the controllable expander bypass
valve (BPV). When the steam was sufficiently superheated, the expander bypass valve

Table 3.3: Measurement devices accuracy.

Input Type Range Accuracy Unit

Expander speed HBM T40B 0 – 20000 ± 10 rpm
Expander torque HBM T40B -500 – 500 ± 0.25 Nm
Mass flow Micro Motion F025S 0 – 100 ± 0.2 g/s
Cycle high pressure WIKA A-10 0 – 60 ± 0.6 bar(g)
Cycle low pressure WIKA A-10 0 – 6 ± 0.06 bar(g)
Temperature RS Pro Type K -75 – 1100 ± 1.5 ◦C
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was closed and steam entered the expander. The expander speed was controlled by the
electric motor, which was connected to a variable frequency drive (VFD). The system
pressure and the evaporator flow were determined by the engine operating conditions
(i.e. heat input), pump speed, pump bypass valve position, and expander speed. During
the experiments the mass flow was kept constant by varying the pump speed and pump
bypass valve position to ensure superheated conditions at each engine operating point.
The expander speed was varied, leading to changes in the system pressure, expander
torque, and expander power. The expander was a reciprocating piston expander with a
crankcase that requires its own oil circuit, where the oil was circulated by an oil pump.
Due to (significant) steam leakage from the system in the crankcase, a separate oil heater
was installed. The oil was heated to 140 ◦C to ensure that any water in the oil was
evaporated and expelled to the environment. Because the oil pump could not tolerate
such high temperatures, the oil was cooled before entering the oil pump again. On the
cycle side, the oil was separated from the water prior to entering the condenser. In the
condenser, the two-phase mixture was condensed and subcooled using the process water
available in the test cell. From the condenser, the subcooled water entered the reservoir.
Pressure relief valves were installed both on the high and low pressure side.
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Table 3.4: HT component specifications.

Pump

Brand Danfoss PAH2
Type Axial piston
Displacement 2 cm3

Speed 1000 – 3000 rpm
Max. pressure 100 bar
Max. volume flow 360 L/min
Electric motor Hoyer HMA2 90L-4

230 V, 3-phase, 1.5 kW
Controller (VFD) IMO iDrive EDX-220-21-E

Pump bypass valve

Brand Swagelok SS-1RS4
Type Integral-bonnet needle
Controller Hanbay MCL-000AF

Evaporator

Brand TitanX
Type Plate, cross-counter flow
Max. pressure 35 bar
Max. temperature 350 ◦C
Max. heat load n/a

Expander

Brand Voith
Type Reciprocating piston

2-cylinder
Displacement 0.8 L
Speed 600 – 3500 rpm
Electric motor David McClure LTD

400 V, 3-phase, 37 kW
Controller (VFD) Parker DC590+ Integrator 2

Expander bypass valve

Brand Swagelok SS-18RS8
Type Integral-bonnet needle
Controller Hanbay MCL-000AF

Condenser

Brand Modine
Type Plate, counter-current flow
Max. pressure n/a
Max. temperature n/a
Max. heat load n/a
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3.3 Engine Coolant Waste Heat Recovery

For the low-temperature experiments, the Volvo D13K540 engine was used with the
engine coolant as the heat source for an organic Rankine cycle with R1233zd(E) as the
working fluid. This engine and the LT-WHR setup are shown in Fig. 3.3 and a schematic
overview is presented in Fig. 3.4, which also shows the locations of the sensors. In a similar
manner to the experiments obtained with the engine and HT-WHR setup, measurements
were performed using a NI compactRIO chassis coupled to a LabVIEW interface [107],
sampling every 100 milliseconds and writing to disk every second. The expander speed
and torque signals were measured with a HBM T22 torque transducer. The mass flow
was measured directly with the Micro Motion F025S coriolis meter. Pressure readings
were obtained with WIKA A-10 pressure transmitters and temperatures with RS Pro
Type K thermocouples. The accuracies of these devices are shown in Table 3.5.

Fig. 3.3: Experimental setup for the coolant waste heat recovery.

Detailed specifications of the main components of the LT-WHR system are listed in
Table 3.6 and 3.7. Although the LT-WHR setup shared many similarities with the
HT-WHR setup, it used a different heat source and working fluid. In the LT-WHR
setup, the engine coolant was used to preheat, evaporate and superheat the working fluid
R1233zd(E). A coolant bypass valve was installed, which was only used during start-up to
allow faster engine warm up. A plate heat exchanger cooled by the process water from the
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Fig. 3.4: Schematic of the coolant waste heat recovery experimental setup.

test cell functioned as the radiator. Another difference from the HT-WHR setup is the
way pressure was regulated on the low pressure side. To regulate the condensing pressure
(and thus the condensing temperature), an expansion tank was installed upstream of the
pump. The expansion tank contained a membrane with air on one side and the working
fluid on the other side so that the condensing pressure in the cycle could be regulated by
adjusting the air pressure. From the expansion tank, the working fluid entered the pump
where it was compressed before entering the evaporator. Although a pump bypass valve
(BPV) was installed, it was always closed during the experimental campaigns. Solenoid
valves were installed upstream and downstream of the expander to prevent the fluid from
entering the expander if the superheating conditions were not met. In that case, the
fluid flowed through the controllable expander bypass valve (BPV). When sufficiently
superheated, the expander BPV closed and the expander inlet and outlet valves opened,
while the expander speed was set by using the connected electric motor as a brake. Since
the pump was insensitive to changes in pressure, the mass flow was controlled by the
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Table 3.5: Low-temperature WHR measurement devices accuracy.

Input Type Range Accuracy Unit

Expander speed HBM T22 0 – 3000 ± 15 rpm
Expander torque HBM T22 -100 – 100 ± 0.5 Nm
Cycle flow Micro Motion F025S 0 – 600 ± 3.0 g/s
Cycle high pressure WIKA A-10 0 – 10 ± 0.05 bar(g)
Cycle low pressure WIKA A-10 0 – 6 ± 0.03 bar(g)
Air pressure WIKA A-10 0 – 9 ± 0.05 bar(g)
Temperature RS Pro Type K -75 – 1100 ± 1.5 ◦C

pump speed and the evaporating pressure by the expander speed. The expander power
was determined by the expander speed and corresponding torque, and depended on the
engine operating point. The working fluid left the expander as low-pressure vapor and
entered the condenser, where it was condensed and subcooled by the process water from
the test cell. Since there was no temperature or flow control for the condenser, the pump
inlet temperature of the working fluid was determined by the process water temperature.

Table 3.6: LT component specifications.

Pump

Brand Wanner-Hydracell G10
Type Seal-less diaphragm pump
Displacement 0.023 L
Speed 100 – 1450 rpm
Max. pressure 69 bar
Max. volume flow 33.4 L/min
Electric motor BEVI IE3 90-4-150

250 V, 1450 rpm, 1.5 kW
Controller (VFD) IMO iDrive EDX-220-21-E

Pump bypass valve

Brand Swagelok SS-18RS12MM
Type Integral-bonnet needle
Controller Hanbay MCL-000AF

Evaporator

Brand SWEP B250ASHx100
Type Plate, counter-current
Max. pressure 46 bar
Max. temperature n/a
Max. heat load 125 kW
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Table 3.7: LT component specifications (continued).

Expander

Brand GAST 6AM-FRV-5A
Type Sliding vane, 4 vanes
Displacement 0.152 L
Speed 200 – 3000 rpm
Electric motor BEVI IE3 3SIE 112-M2

400 V, 2920 rpm, 4.8 kW
Controller (VFD) Delta C2000

Expander bypass valve

Brand Swagelok SS-18RS18MM
Type Integral-bonnet needle
Controller Hanbay MCL-000AF

Condenser

Brand SWEP B250ASHx60
Type Plate, counter-current
Max. pressure 46 bar
Max. temperature n/a
Max. heat load 116 kW

Coolant bypass valve

Brand Siemens VXG41
Type 3-Port seat valve
Controller Siemens SAX61

Expansion tank

Brand Armatec AT 8321E12
Type Diaphragm
Volume 12 L
Max. pressure 10 bar
Pressure regulator SMC ITV1050

High-pressure safety valve

Brand Swagelok SS-R4S12MM
Type Proportional relief valve

Low-pressure safety valve

Brand Swagelok SS-RL4S12MM
Type Propertional relief valve

In-line filters

Brand Danfoss 148B5243
Type Strainer
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4 Modeling
Modeling of thermodynamic cycles for waste heat recovery and their components is
important because it can help to explain the underlying physical phenomena, is less
time-consuming and costly than experiments, and enables investigation of advanced topics
such as thermo-economic optimization [108] or elaborate control strategies [90].

The pump flow is usually taken as a function of the pump’s displacement and rota-
tional speed [109], sometimes combined with a volumetric efficiency [110]. The required
power is typically determined based on an estimated pump efficiency, typically between
65 and 85 % [75] even though much lower efficiencies have been observed in experiments [77].
Efficiency values can be derived from experiments [77], taken from manufacturer data, cal-
ibrated using steady-state performance maps [110], or calculated using affinity laws [111].

Heat exchangers are most commonly modeled using either moving boundary models or
discretized models [112]. In a moving boundary model, the fluid flow in the heat exchanger
is divided into as many control volumes as there are states (e.g., liquid, two-phase, vapor)
in the fluid flow. The sizes of the control volumes vary, following the saturated liquid and
vapor boundaries. In contrast, the finite volume approach involves discretizing the heat
exchanger into a number of equal and constant control volumes [113].

The expander efficiency is often taken to be a fixed value between 10 and 85% [114, 115].
For more detailed modeling, three levels of expander models can be distinguished: empiri-
cal, semi-empirical, and deterministic [116]. Empirical models are based on expressions
involving selected variables that are fitted on experimental data to obtain a generic perfor-
mance estimate [117]. Semi-empirical models are based on a set of equations representing
the physical processes occuring in the expander. Originally introduced by Lemort [118],
such models have been widely adopted because of their adaptability to different types of
expanders [119]. Deterministic models are based on comprehensive descriptions derived
from the equations for conservation of mass and energy [116]. Examples include a mathe-
matical model of a vane expander using its real geometry [120] and a detailed CFD model
for shape optimization of an axial turbine [121].

In this thesis, modeling was used to predict the performance of the different thermodynamic
cycles and cycle components, and to complement the experimental results. Two modeling
approaches were used: 0D modeling and 1D modeling. The 0D models were used to
evaluate the thermodynamic performance of the cycles under fixed boundary conditions.
The equations for these models are presented in Section 4.1. The more detailed 1D models
require calibration and validation against experimental data but can provide deeper
insight into the performance of individual components. The equations for these models
are presented in Section 4.2. The inputs for the simulations and the corresponding results
are not discussed in this chapter but are presented in Publications A, B, C, D, E, and G.
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4.1 0D-Modeling

4.1.1 Cycles
The thermodynamic cycle models were built using the Modelica [122] programming
language and modeled by connecting individual components through nodes. Each node
contains the thermodynamic state, which includes all of the thermodynamic properties
of the working fluid and is defined by two independent properties (mostly pressure and
enthalpy). Mathematical descriptions of each cycle and component are given below. All
of the components were modeled using the following assumptions:

• The system is in a steady state

• There are no pressure losses in the system, including the heat exchangers and piping

• There are no heat losses to the environment

• Changes in kinetic and potential energy can be neglected

• Expansion in the throttling valves is isenthalpic

• There is perfect mixing and separation of the working fluids

• The isentropic efficiencies of the pump and expander are constant

The following section presents the modeling relations of each individual component in the
thermodynamic cycles. The heat transferred from the source to the cycle depends on the
source outlet temperature, which is either a fixed value or dependent on the pinch point.
If the heat input into the cycle and the cycle pressure are known, one extra condition is
needed to close the system of equations. The necessary equation depends on the type
of cycle under consideration, as shown below. For reference, schematic depictions of the
circuits and the corresponding Ts-diagrams for each cycle can be found in Section 2.2.

Organic Rankine Cycle

The system of equations for the ORC can be closed using four conditions. First, a
saturated vapor condition can be imposed at the evaporator outlet or condenser inlet
by defining the enthalpy (hevap,out or hcond,in) as the saturated vapor enthalpy (hsat,vap)
at the corresponding pressure (pevap,out or pcond,in). Alternatively, the superheating
temperature (Tevap,out or Tcond,in) at the corresponding saturation temperature (Tsat)
can be set by specifying a degree of superheating (∆Tsup). These four conditions can be
expressed using the following four equations, of which only one can be defined:

hevap,out = hsat,vap@ pevap,out Saturated vapor at evaporator outlet
hcond,in = hsat,vap@ pcond,in Saturated vapor at condenser inlet
Tevap,out = Tsat,evap + ∆Tsup,evap Superheated temperature at evaporator outlet
Tcond,in = Tsat,cond + ∆Tsup,cond Superheated temperature at condenser inlet
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Transcritical Rankine Cycle

Since no evaporation occurs in the TRC, it is not possible to set conditions at the
evaporator outlet. Therefore, either the enthalpy at the condenser inlet (hcond,in) is
set as the saturated vapor enthalpy (hsat,vap) at the condenser pressure (pcond,in) or the
superheated temperature at the condenser inlet (Tcond,in) is set by adding a specified degree
of superheating (∆Tsup) to the saturation temperature at the condenser pressure (Tsat,cond).
These conditions can be expressed mathematically using the following equations:{

hcond,in = hsat,vap@ pcond,in Saturated vapor at condenser inlet
Tcond,in = Tsat,cond + ∆Tsup,cond Superheated temperature at condenser inlet

Trilateral Flash Cycle

For the TFC, there is only one condition at the evaporator outlet: saturated liquid at the
outlet of the evaporator. Therefore, the enthalpy at the evaporator outlet (hevap,out) is
set to the saturated liquid enthalpy (hsat,liq) at the evaporator pressure (pevap,out). This
condition is expressed mathematically below.

hevap,out = hsat,liq@ pevap,out Saturated liquid at evaporator outlet

Organic Flash Cycle

As in the TFC, the enthalpy at the evaporator outlet (hevap,out) in the OFC is set to the
saturated liquid enthalpy (hsat,liq) at the evaporator pressure (pevap,out). An additional
equation is needed to calculate the intermediate pressure at the flash vessel inlet (pfv,in)
using a fixed value for the pressure ratio (rp).

hevap,out = hsat,liq@ pevap,out Saturated liquid at evaporator outlet

pfv,in = ppmp,in + pevap,out − ppmp,in

rp
Intermediate pressure

4.1.2 Components
Each component is connected to other components through nodes that contain the
thermodynamic state of the working fluid. The components are also defined by a number
of fixed conditions that are set of the start of the simulations and do not change, and by
a set of equations that are solved simultaneously for all components. The fixed conditions
and equations for all cycle components are specified below.
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4.1.2.1 Pump

Since the condensation temperature is set by either the minimum pressure or a tempera-
ture constraint, the pressure at the pump inlet (ppmp,in) is known. The working fluid is
assumed to be saturated liquid at the inlet of the pump (xpmp,in = 0) and the isentropic
efficiency of the pump (ηis,pmp) is set to a fixed value. The pump outlet pressure (ppmp,out)
is equal to the evaporating pressure, which is either set or calculated. Knowing this
pressure, the isentropic (his,pmp) and actual enthalpy (hpmp,out) at the pump outlet can
be calculated and the power required by the pump (Ẇpmp) can be determined.

Fixed conditions:
ppmp,in, xpmp,in, ηis,pmp

Equations:
his,pmp = h(ppmp,out, spmp,in) (4.1)

hpmp,out = hpmp,in + his,pmp − hpmp,in

ηis,pmp
(4.2)

Ẇpmp = ṁc(hpmp,out − hpmp,in) (4.3)

4.1.2.2 Heat Exchangers

In the cycle simulations, two different types of heat exchangers are used: an evapo-
rator/heater and a condenser. This section only describes the evaporator/heater but
presents equations for both types of heat exchanger.

In the evaporator, the inlet conditions for the heat source are known (ṁso, pso,in, Tso,in).
Therefore, assuming that there is no pressure loss, the source outlet pressure (pso,out) is
also known. The minimum required temperature difference at the pinch point (∆Tpp,so)
is set as a constraint; the location of the pinch point depends on where the limiting
temperature difference occurs. The total heat transfer from the source is equal to the
sum of the heat transfer from the source inlet to the pinch point location and from the
pinch point to the source outlet. It is assumed that no external heat losses occur, so the
heat transfer from the source is equal to the heat input into the cycle.

Evaporator/Heater

Fixed conditions:
ṁso, pso,in, pso,out, Tso,in, ∆Tpp,so

Equations:
Q̇pp,so,in = ṁso(hso,in − hpp,so) (4.4)

Q̇pp,so,out = ṁso(hpp,so − hso,out) (4.5)
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Q̇so = Q̇so,pp,in + Q̇so,pp,out (4.6)

Q̇evap = Q̇so (4.7)

Q̇pp,evap,in = Q̇so,pp,out (4.8)

Q̇evap = ṁc(hevap,out − hevap,in) (4.9)

Q̇pp,evap,in = ṁc(hpp,evap − hevap,in) (4.10)

Condenser

Fixed conditions:

ṁsi, psi,in, psi,out, Tsi,in, ∆Tpp,si, pcond,in, pcond,out, xcond,out

Equations:
Q̇pp,si,in = ṁsi(hpp,si − hsi,in) (4.11)

Q̇pp,si,out = ṁsi(hsi,out − hpp,si) (4.12)

Q̇si = Q̇si,pp,in + Q̇si,pp,out (4.13)

Q̇cond = Q̇si (4.14)

Q̇pp,cond,in = Q̇si,pp,out (4.15)

Q̇cond = ṁc(hcond,in − hcond,out) (4.16)

Q̇pp,cond,in = ṁc(hcond,in − hpp,cond) (4.17)
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4.1.2.3 Expander

The isentropic efficiency of the expander (ηis,exp) is set to a constant value, and the
expander outlet pressure (pexp,out) is equal to the condensation pressure, which is known.
Consequently, the isentropic (his,exp) and actual enthalpy (hexp,out) at the expander outlet
can be calculated, allowing the power produced by the expander (Ẇexp) to be determined.

Fixed conditions:
pexp,out, ηis,exp

Equations:
his,exp = h(pexp,out, sexp,in) (4.18)

hexp,out = hexp,in − ηis,exp(hexp,in − his,exp) (4.19)

Ẇexp = ṁc(hexp,in − hexp,out) (4.20)

4.1.2.4 Flash Vessel

The intermediate pressure at the flash vessel inlet (pfv,in) is calculated using a fixed value
for the pressure ratio (rp). Since it is assumed there are no pressure losses, the outlet
pressure is equal to the inlet pressure (pfv,out = pfv,in). Knowing the vessel pressures and
the cycle mass flow, the saturated liquid (hfv,out,liq) and vapor (hfv,out,vap) enthalpies can
be calculated, as well as the mass flows exiting the vessel (ṁfv,out,liq and ṁfv,out,vap).

Equations:

pfv,in = ppmp,in + pevap,out − ppmp,in

rp
(4.21)

hfv,out,liq = hsat,liq@ pfv,out (4.22)

hfv,out,vap = hsat,vap@ pfv,out (4.23)

ṁfv,out,liq = (1− xfv,in)ṁc (4.24)

ṁfv,out,vap = xfv,inṁc (4.25)
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4.1.2.5 Throttling Valve

The throttling valve is assumed to be isenthalpic, so once the pressures in the system are
known or calculated, the thermodynamic properties at the outlet are known.

Equations:
htv,out = htv,in (4.26)

4.1.2.6 Mixer

Because the mixer operates at the condensing pressure and no pressure losses are assumed,
the inlet and outlet pressures of the mixer (pmxr,in and pmxr,out) are known. Since perfect
mixing is assumed, the outlet mass (ṁmxr,out) and energy flows are given by the sum of
all the inlet quantities, as shown in Eq. (4.27) and (4.28).

Fixed conditions:
pmxr,in, pmxr,out

Equations:

ṁmxr,out =
n∑

i=1
ṁmxr,i,in (4.27)

(ṁh)mxr,out =
n∑

i=1
(ṁh)mxr,i,in (4.28)

4.1.2.7 Cycle Performance

The performance of the cycle can be evaluated on the basis of the net shaft power (Ẇnet),
mechanical power (Ẇmech), electrical power (Ẇel), and the thermodynamic efficiency
(ηth), which are defined in the equations below.

Ẇnet = Ẇexp − Ẇpmp (4.29)

Ẇmech = Ẇηmech (4.30)

Ẇel = Ẇηel (4.31)

ηth = Ẇnet

Q̇evap
(4.32)
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4.1.3 Modeling Approach
Simulations were performed using the solvers in Dymola [123], which was connected to the
CoolProp database [92] to obtain data on the thermodynamic properties of the fluids. Pre-
and post-processing of the simulation results was done with Python [124]. To evaluate
the maximum power output within the given constraints, a golden section search was
combined with a constraints checking framework, which is shown in Figure 4.1. The
working fluid and evaporating pressure were the inputs for the simulations and the fixed
cycle conditions (e.g., pcon, Tcond) were set before starting each simulation. The results of
the simulation were evaluated with respect to the constraints (e.g. ∆Tpp, ∆Tsup). The
chosen framework allowed for an automated checking of the constraints, thereby enabling
evaluation of many working fluids and pressures for the different heat sources.

Fig. 4.1: Constraints checking framework
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4.2 1D-Modeling

4.2.1 Cycle
Detailed models were only developed for the components of the (organic) Rankine cycle,
although these component models could also be used in the the other thermodynamic
cycles. This section presents the mathematical formulations of the component models,
which were implemented in MATLAB [125] under the following assumptions:

• The system is in a steady state

• There are no pressure losses in the system, including the heat exchangers and piping

• Heat losses to the environment do not occur other than in the expander

• Changes in kinetic and potential energy can be neglected

The detailed models presented in this section are calibrated and/or validated against
the experimental results. In addition to providing a more detailed understanding of the
processes occurring within the ORC, these models can be used to predict how the cycle
would perform outside the experimental range or with different working fluids. This
section begins with the descriptions of the mathematical relations used to model the
main components: the pump, the pump bypass valve, the evaporator, the expander, and
the condenser. This is followed by a short description of the modeling approach, which
explains how the cycle simulations were performed using the different component models.

4.2.2 Components

4.2.2.1 Pump

Pump performance is commonly modeled using affinity laws [111]. However, since pump
data from the manufacturers was available, correlations based on this data were used
instead, where the theoretical volume flow of the pump is adjusted for the pressure:

V̇pmp = V̇th − V̇corr
ppmp,out

pmax
(4.33)

The theoretical flow (V̇th) is defined as:

V̇th = VpmpNpmp/60 (4.34)

With the relations for the volume flow known, the mass flow (ṁpmp) can be determined:

ṁpmp = ρpmp,outV̇pmp (4.35)
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The pump power can then be calculated using the pump efficiency (ηpmp):

Ẇpmp = ṁpmp(hpmp,out − hpmp,in)/ηpmp (4.36)

The efficiency of the pump can either be taken as a fixed value or be dependent on the
pressure change over the pump.

4.2.2.2 Pump Bypass Valve

The pump bypass valve is modeled as an incompressible flow valve, as shown in Eq. (4.37).
The discharge coefficient (Cd) and valve area (A) can be combined into an effective area
(Abpv) that depends on the position of the bypass valve and can be estimated using a
series of linear functions based on experimental data.

ṁbpv = CdA
√

2ρin(pin − pout) = Abpv
√

2ρin(pin − pout) (4.37)

4.2.2.3 Evaporator

The evaporator that served as the basis for the modeling was specifically developed by
TitanX for the experiments where the exhaust gases were used as the heat source. It is a
cross-counter flow fin-type heat exchanger; a schematic depiction of its heat exchanger
surface is presented in Fig. 4.2.
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Fig. 4.2: Schematic illustration of the plates and fins of the exhaust evaporator.

Exhaust gases (exh) flow in the x-direction in a single pass, while the working fluid (wf)
flows in the y-direction in three passes. The outer geometry of the heat exchanger is
defined by its height (H), width (W ), and length (L). The working fluid and exhaust gas
are separated from each other by plates of thickness t with fins on both sides. These plates
divide the heat exchanger into a number of channels (nch), where the distance between
adjacent plates is the channel height (b). The fins are characterized by their thickness (tf),
spacing (sf), strip flow length (Lf), pitch (pf = sf + tf), and height (hf = b− tf). Using
these characteristics, the hydraulic diameter (Dh), flow area (Aflow), base area (Abase),
and fin area (Afin) can be determined based on fin-specific relations [126] below.
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Dh = 4sfbLf

2(sfLf + bLf + tfb) + tfsf
(4.38)

Aflow = sfhf (4.39)

Abase = 2(sfLf + tf(sf − tf)/2) (4.40)

Afin = 2(hfLf + hftf) (4.41)

The number of fins for each pass and channel on both sides can then be calculated:

nf,x,wf = L

pf
, nf,y,wf = H

Lf
(4.42)

nf,x,exh = L

Lf
, nf,y,exh = H

pf
(4.43)

From this the total cross-sectional area (or total flow area) for the flow follows:

Ac,wf = nch,wf
nf,x,wf

npass,wf
Aflow (4.44)

Ac,exh = nch,exh
nf,y,exh

npass,exh
Aflow (4.45)

With these definitions and knowledge of the transport properties, the dimensionless
numbers for heat transfer can be determined. The mass flow (ṁ), cross-sectional area
(Ac), hydraulic diameter (Dh), and dynamic viscosity (µ) give the Reynolds number (Re):

Re = ṁDh

µAc
(4.46)

The Prandtl number (Pr) is calculated from the specific heat capacity (cp), dynamic
viscosity (µ), and thermal conductivity (λ):

Pr = cpµ

λ
(4.47)

The heat transfer coefficient (α) is determined from the Nusselt number (Nu):

Nu = αDh

µ
(4.48)

To obtain the Nusselt number, fin-specific heat transfer relations for single- and two-phase
are defined. For single-phase heat transfer, the following expression is used [126]:

Nu = jRePr1/3 (4.49)
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Where:

j =0.652Re−0.540
(
sf

hf

)−0.154(
tf
Lf

)0.150(
tf
sf

)−0.068

·

[
1 + 5.269 · 10−5Re1.34

(
sf

hf

)0.504(
tf
Lf

)0.456(
tf
sf

)−1.06
]0.1

(4.50)

The two-phase heat transfer coefficient is the sum of the nucleate boiling (αnb) and
convective (αcv) components [126]:

α = αnb + αcv (4.51)

The nucleate boiling component is a function of the heat flux (q̇), the molecular weight
(Mw), and the reduced pressure (pcrit); it is defined as:

αnb = 55q̇2/3MW−1/2
(

p

pcrit

)0.225 [
−log10

(
p

pcrit

)]−0.55
(4.52)

The convective component is obtained from the saturated liquid heat transfer coefficient
(αl), which is calculated from the saturated liquid properties using Eq. (4.49). This
coefficient is multiplied with with a factor (F ) that depends on the steam quality (x) and
the saturated liquid and vapor densities (ρl, ρv) and viscosities (µl, µv):

αcv = Fαl (4.53)

F =
(

1 + 28
Xtt

)0.372
(4.54)

Xtt =
(

1− x
x

)0.9(
ρv

ρl

)0.5(
µv

µl

)0.1
(4.55)

To calculate the heat transfer from the exhaust gas to the working fluid, the evaporator
is discretized into a number of elements; a representative discretization scheme is shown
in Fig. 4.3. For each element, the heat transfer relations are solved based on the average
state of that element and the heat transfer surface (As) is defined as the sum of the
base (Abase) and fin (Afin) surface areas:

As,el = Abase,el +Afin,el (4.56)

The heat transfer is calculated for all channels simultaneously by multiplying the total
surface area of the element by its number of channels:

As,el,tot = nch,wfAs,el (4.57)
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Fig. 4.3: Representative discretization scheme for the exhaust evaporator.

Knowing the total surface area, the heat transfer for each element can be calculated:

Q̇el = UelAs,el,tot(Texh,el − Twf,el) (4.58)

Here, the overall heat transfer coefficient (U) consists of the several distinct contributions:

1
U

= 1
αwf

+ tw
λw

+ 1
αexh

≈ 1
αwf

+ 1
αexh

(4.59)

4.2.2.4 Expander

The expander model is based on a two-cylinder uniflow reciprocating piston expander. The
high pressure, high temperature steam is admitted through the inlet port, which is closed
by a valve attached to a valve spring and periodically opened by a push-rod mounted
to the piston head. The steam exits at a reduced pressure and temperature through the
outlet port at the bottom, which is uncovered when the piston travels down. The expander
operation is described by a semi-empirical model that was originally developed for a scroll
expander [118] and then adapted for reciprocating piston operation [127, 128]. The model
is schematically depicted in Fig. 4.4; it accounts for the pressure drop on the suction and
exhaust sides of the expansion, expansion and compression in the cylinder, internal and
external heat losses, and mass leakage to the environment. Importantly, it also includes the
ability to predict performance for a range of different working fluids. The model represents
a single cylinder, so its predicted mass flows and energy changes must be multiplied by
the number of cylinders in the expander when comparing its output to experimental results.

47



su2su1su

ivo

su3

evo

ex3

msu

mleak

mint

mcp

mexp

leakthr

ex2

Qsu Qex

ex1
suthr exthr

ex

mex

Tw

Wloss

Qamb

leak

cp Wexp

Wleak

Fig. 4.4: The semi-empirical model piston expander model.

The semi-empirical model uses thermodynamic equations containing tuning parameters
whose values must be determined using a calibration procedure that is based on ex-
perimental data. By using time-averaged parameters and properties, the dynamic and
sequential operation of the expander is modeled as a steady-state operation in which
multiple physical processes occur simultaneously. This section describes the physical
processes that occur during expander operation and the adaptations needed to model the
expander operation with different working fluids.

Supply pressure drop (su → su1)

As shown in Eq. (4.60), the adiabatic supply pressure drop is modeled by treating
the supply mass flow as an isentropic flow (ssu,thr = ssu) through a converging nozzle.
Subsequently, the kinetic energy is converted into enthalpy (hsu1 = hsu) at constant
pressure. The supply diameter (dsu) represents the mean effective diameter, which is
determined during the calibration of the expander model.

ṁsu = ρsu
πd2

su
4

√
2(hsu − hsu,thr) (4.60)

To account for supersonic flow, the throat pressure (psu,thr) is defined as the maximum of
the outlet pressure (psu1) and the critical pressure (pcrit,su):

psu,thr = max(psu1, pcrit,su) (4.61)

The critical supply pressure is determined based on the relation for a perfect gas [129]:

pcrit,su = psu

(
2

γsu + 1

)( γsu
γsu−1 )

(4.62)
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Supply heat transfer (su1 → su2)

The supply heat transfer is assumed to be isobaric (psu2 = psu1) and is calculated using
a fictitious envelope (representing the metal parts of the expander) with a uniform wall
temperature (Tw). The relation for a single-stream steady-flow heat exchanger [130] is
used to calculate the supply heat transfer, which is expressed as

Q̇su = ṁsucp,su1

[
1− e

(
−AUsu

ṁsucp,su1

)]
(Tsu1 − Tw) (4.63)

The global heat transfer coefficient (AUsu) can be calculated with Eq. (4.64) by correcting
the nominal global heat transfer coefficient (AUsu,n) for deviations in mass flow (ṁsu)
from the nominal flow (ṁsu,n), which is computed using the relation for turbulent flow in
a smooth tube [130] assuming constant fluid properties.

AUsu = AUsu,n

(
ṁsu

ṁsu,n

)0.8
(4.64)

Having determined the heat transfer, the enthalpy after heat transfer (hsu2) follows:

hsu2 = hsu1 −
Q̇su

ṁsu
(4.65)

Leakage mass flow rate (su2 → leak)

The leakage mass flow in Eq. (4.66) is calculated by combining the isentropic nozzle
(sleak,thr = ssu2) with the isobaric diffuser (pleak = pleak,thr, hleak = hsu2) in the same way
as is done when calculating the supply pressure drop. The average effective leakage area
(Aleak) must be determined during the calibration.

ṁleak = ρleak,thrAleak

√
2(hsu2 − hleak,thr) (4.66)

Since the leakage flow enters the expander crankcase rather than returning, the throat
pressure is the greater of the ambient pressure (pamb) and the critical pressure (pcrit,leak):

pleak,thr = max(pamb, pcrit,leak) (4.67)

pcrit,leak = psu2

(
2

γsu2 + 1

)( γsu2
γsu2−1

)
(4.68)

Since part of the mass flow is rejected to the environment (ṁleak), the supply flow (ṁsu)
is reduced to the internal flow available for expansion (ṁint), expressed as

ṁint = ṁsu − ṁleak (4.69)
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Expander inlet mixing (su2 → su3)

In the cylinder, some of the mass is compressed (ṁcp) and added to the internal mass
(ṁint) under isobaric conditions (psu3 = psu2), in accordance with Eq. (4.70). The enthalpy
at the start of the expansion (hsu3) can then be computed using Eq. (4.71).

ṁexp = ṁint + ṁcp (4.70)

hsu3 = ṁinthsu2 + ṁcphcp

ṁexp
(4.71)

Expansion (su3 → ex3)

Eq. (4.72) shows the total mass displaced in the expander, which is the available mass at
inlet valve closing (ρsu3faVs) multiplied by the rotational speed of the expander (Nexp).

ṁexp = Nexp

60 ρsu3faVs (4.72)

The internal power during the expansion (Ẇint,exp) can be divided into three components:
suction at constant pressure (Vc → Vivc), adiabatic and reversible expansion (Vivc → Vevo),
and discharge at constant volume (pevo → pex3), giving the following expression:

Ẇint,exp = ṁexp(hsu3 − hevo) + ṁexp

ρevo
(pevo − pex3) (4.73)

The density at the end of the reversible expansion (sevo = ssu3) is given by

ρevo = ρsu3

rv,exp
(4.74)

With the inlet enthalpy (hsu3), the internal expansion power (Ẇint,exp), and the mass flow
(ṁexp) known, the expander exhaust enthalpy follows:

hex3 = hsu3 −
Ẇint,exp

ṁexp
(4.75)

Compression (ex3 → cp)

During compression, the total displaced mass over time is the mass trapped in the cylinder
after the exhaust valve closes (ρex3fpVs) multiplied by the expander speed (Nexp):

ṁcp = Nexp

60 ρex3fpVs (4.76)
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The internal power during the compression stroke is defined as:

Ẇint,cp = ṁcp(hivo − hex3) + ṁcp

ρivo
(pcp − pivo) (4.77)

After the reversible compression (sivo = sex3), the density in the cylinder will be equal to

ρivo = ρex3rv,cp (4.78)

When the inlet valve opens, the pressures equalize (pcp = psu2) and the enthalpy becomes

hcp = hex3 + Ẇint,cp

ṁcp
(4.79)

Expander exhaust mixing (ex3 → ex2)

Since the leakage flow is rejected to the environment, no mixing occurs, which means
constant thermodynamic properties (pex2 = pex3, hex2 = hex3) and mass flow (ṁex = ṁint).

Exhaust heat transfer (ex2 → ex1)

The isobaric (pex1 = pex2) exhaust heat transfer is determined using the expression for a
single-stream steady-flow heat exchanger [130], scaling the global heat transfer coefficient
(AUex) by the exhaust mass flow (ṁex). The enthalpy (hex1) then follows:

Q̇ex = ṁexcp,ex2

[
1− e

(
−AUex

ṁexcp,ex2

)]
(Tw − Tex2) (4.80)

AUex = AUex,n

(
ṁex

ṁex,n

)0.8
(4.81)

hex1 = hex2 + Q̇ex

ṁex
(4.82)

Exhaust pressure drop (ex1 → ex)

The adiabatic exhaust pressure drop is determined by combining the isentropic nozzle
(sex,thr = sex1) with the isobaric diffuser (hex = hex1) to obtain the corresponding pressure
downstream of the nozzle while the throat pressure is limited by the critical pressure:

ṁex = ρex1
πd2

ex
4

√
2(hex1 − hex,thr) (4.83)

pex,thr = max(pex, pcrit,ex) (4.84)
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pcrit,ex = pex1

(
2

γex1 + 1

)( γex1
γex1−1

)
(4.85)

Ambient heat transfer

The ambient heat transfer depends on the global heat transfer coefficient (AUamb) and
the difference between the wall temperature (Tw) and the ambient temperature (Tamb):

Q̇amb = AUamb(Tw − Tamb) (4.86)

Energy balance

The internal power output and net shaft power of the expander are given by

Ẇint = Ẇint,exp − Ẇint,cp (4.87)

Ẇexp = Ẇint − Ẇloss (4.88)

The losses in the expander are represented by three different terms:

Ẇloss = Ẇloss,0 + αlossẆint + 2πCloss
Nexp

60 (4.89)

To calculate the wall temperature (Tw), the energy balance based on the four different
contributors to the heat transfer is solved using the following expression:

Q̇su + Ẇloss = Q̇ex + Q̇amb (4.90)

The total energy balance over the expander is then defined as:

ṁsuhsu − ṁexhex = Ẇexp + Ẇleak + Q̇amb (4.91)

Expander performance

The non-dimensional performance of the expander can be expressed using a filling factor
and an isentropic efficiency. The definition of the filling factor (φf) for a piston ex-
pander [128] is shown in Eq. (4.92). For expansion in the two-phase region, an isentropic
filling factor is introduced in Eq. (4.93). This factor depends on the isentropic exhaust
density (ρex,is), meaning isentropic expansion is assumed (sex = ssu).

φf = ṁsu

ṁth
= ṁsu

Nexp
60 (ρsufa − ρexfp)Vs

(4.92)
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φf,is = ṁsu
Nexp

60 (ρsufa − ρex,isfp)Vs
(4.93)

Since the definition of the isentropic efficiency assumes adiabatic operation (which is
typically not the case for a large reciprocating piston expander), it cannot be used to
evaluate the performance of the expander [118]. Instead, the expander efficiency defined
in Eq. (4.94) is used, which is based on the expander shaft power (Ẇexp).

ηexp = Ẇexp

Ẇis
=

2πτexp
Nexp

60
ṁsu(hsu − hex,is)

(4.94)

From the expander efficiency, the shaft power can be calculated. However, the expander
outlet enthalpy is still unknown because the definition does not include the leakage power
and heat loss terms. The isentropic effectiveness (εis) however does includes these terms:

εis = ṁsu(hsu − hex)
ṁsu(hsu − hex,is)

=Ẇexp + ṁleak(hleak − hex) + Q̇amb

Ẇis

=εis,sh + Ẇleak

Ẇis
+ Q̇amb

Ẇis
(4.95)

Change of Working Fluid

To evaluate expander performance for fluids other than water, the model can be extended
using relations previously developed for scroll expanders [131, 132]. Assuming the change
of fluid only affects the thermodynamic properties and the global heat transfer coeffi-
cients (AUsu and AUex), the heat transfer coefficients can be modified to simulate different
working fluids. The heat transfer coefficients are typically expressed as functions of the
Nusselt number (Nu), thermal conductivity (λ), and a reference length (L):

U = Nuλ
L

(4.96)

The Nusselt number (Nu) is calculated a for a turbulent flow in a smooth tube [130]
where m = 0.4 in the case of heating and m = 0.3 for cooling:

Nu = 0.023Re0.8Prm (4.97)

Re = ρvd

µ
= 4ṁ
πµD

(4.98)

Pr = cpµ

λ
(4.99)
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The new global heat transfer coefficient can now be expressed in relation to the reference:

AU

AUref
= Nuλ

Nurefλref
(4.100)

Filling in the dimensionless numbers and rewriting gives:

AU

AUref
=
(

Re
Reref

)0.8( Pr
Prref

)m(
λ

λref

)
(4.101)

AU = AUref

(
ṁ

ṁref

)0.8(
µ

µref

)m−0.8(
cp
cp,ref

)m(
λ

λref

)1−m

(4.102)

4.2.2.5 Condenser

The condenser is not modeled in detail; instead it is modeled as as a heat sink for which
the rejected heat is the energy change over the condenser:

Q̇cond = ṁcond(hcond,in − hcond,out) (4.103)

4.2.3 Modeling Approach
The simulations were performed using MATLAB [125] with fluid maps for the thermody-
namic and transport properties, which were obtained from the CoolProp [92] database.
The pump speed was adjusted to satisfy the superheating constraint and for every pump
speed the expander speed was varied over the specified range. Using a golden section
search, the expander speed giving the maximum power output for a specific engine op-
erating point was determined. At each combination of engine operating point, pump
speed, and expander speed, the evaporator pressure was determined using a constrained
non-linear solver (fmincon) by matching the pump and expander mass flows.
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5 Summary of Publications
Publication A
"Thermodynamic Potential of Twelve Working Fluids in Rankine and Flash Cycles for
Waste Heat Recovery in Heavy Duty Diesel Engines"

The goal of this initial simulation study was to assess the maximum thermodynamic
potential of four selected thermodynamic cycles for waste heat recovery from different
heat sources in a heavy-duty Diesel engine. Twelve working fluids were selected and simu-
lated in four thermodynamic cycles: the organic Rankine cycle (ORC), the transcritical
Rankine cycle (TRC), the trilateral flash cycle (TFC), and the single flash cycle (SFC). In
subsequent publications, the SFC is referred to instead as the organic flash cycle (OFC).
Optimistic boundary conditions and constraints were imposed to determine the best pos-
sible performance for each combination of heat source, working fluid, and thermodynamic
cycle. The first step was to evaluate the potential for WHR from the four heat sources:
the CAC, the coolant, the EGRC, and the exhaust gases. An energy and exergy analysis
over the full operating range of the engine revealed that all four heat sources had potential
for WHR both in terms of quantity and quality. A representative A50 (151 kW) engine
operating point was selected to study the performance of the different cycles and working
fluids. The best performance for the CAC was achieved with the TFC and SFC, regardless
of the choice of working fluid, showing a maximum power output of 2 kW. For the coolant,
the best power output of around 5 kW was achieved with the ORC. In the case of the
EGRC, the best performance of 8 kW was achieved using the TRC with methanol as the
working fluid. In the ORC and TRC, acetone and ethanol gave the best performance
with power outputs between 6 and 7 kW. For the exhaust gases, all cycles achieved good
recoveries of 5 to 6 kW, where the best result was achieved with acetone in the ORC.
Additionally, the effect of varying the engine and cycle conditions was investigated by
performing a sensitivity analysis on the five most relevant constraints: the condensation
temperature, the source outlet temperature, the maximum degree of superheating, the
engine operating points, and the expander isentropic efficiencies. The sensitivity analysis
revealed that variations in all five constraints caused significant changes in cycle power
output, with deviations ranging from 1 to 8 kW.

Published in Energy (2018)

Author contributions: All authors conceived of the presented idea. The author of this
thesis performed the modeling, simulations, and analysis and wrote the manuscript with
contributions from all authors.
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Publication B
"Thermodynamic Cycle and Working Fluid Selection for Waste Heat Recovery in a Heavy
Duty Diesel Engine"

This publication presented an extended and more practical study on the thermodynamic
performance of the four cycles considered for waste heat recovery from the different heat
sources in a heavy-duty engine. The study reported in the previous publication was
augmented by increasing the number of working fluids from 12 to 56. Additionally, more
stringent boundary conditions and constraints were imposed to obtain a more realistic
representation of the thermodynamic performance. Three heat sources (the coolant,
EGRC, and exhaust gases) and four thermodynamic cycles (the ORC, TRC, TFC, and
OFC) were simulated for a 100 kW engine operating point. The highest outputs were
obtained with the ORC and TRC when using the EGRC and exhaust gases as the heat
source, with power outputs of around 2.5 kW and 5 kW, respectively. The ORC performed
best for the coolant, delivering a maximum power output of 1.5 kW. The TFC gave
a slightly lower performance at 2 kW for the EGRC, 4 kW for the exhaust gases and
1 kW for the coolant. The OFC performed worst, with power outputs of 1.5 kW for the
EGRC, 3 kW for the exhaust, and 0.5 kW for the coolant. In general, the best performing
working fluids were acetone, benzene, cyclopentane, ethanol, and methanol. Despite
achieving lower power outputs, R1233zd(E), MM, and Novec649 were also identified as
good candidates because of their low flammability and toxicity.

Published as SAE Technical Paper 2018-01-1371 (2018)

Author contributions: All authors conceived of the presented idea. The author of this
thesis performed the modeling, simulations, and analysis and wrote the manuscript with
contributions from all authors.
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Publication C
"Combining Low- and High-Temperature Heat Sources in a Heavy Duty Diesel Engine for
Maximum Waste Heat Recovery Using Rankine and Flash Cycles"

For the two previous studies, each heat source was considered individually for waste heat
recovery. In this publication, different heat sources were combined using two single-loop
configurations. The first configuration (Conf-1) combined the CAC, coolant, EGRC,
and exhaust gases in series, while the second configuration (Conf-2) combined the CAC,
EGRC, and exhaust gases in series. Four thermodynamic cycles (the ORC, TRC, TFC,
and OFC) were simulated with fifty working fluids and a recuperator was added to study
its effect on the cycle performance. The two configurations were simulated at three engine
operating points that are dominant in the long haul duty cycle (A25, A50, and A75) and
weighted based on the relative time spent at each of these operating point during the
driving cycle. For Conf-1, the highest power outputs were obtained for the ORC with
ammonia, sulfurdioxide, acetone, cyclopentane, and R1234ze(Z), which gave weighted
power outputs between 6.4 and 7.1 kW. For Conf-2, both the ORC and TRC performed
best, giving power outputs between 6.8 and 8.2 kW with acetone, methanol, cyclopentane,
ethanol, and isohexane as the working fluid. The TFC and especially the OFC performed
considerably worse. The use of a recuperator significantly increased net power output
(up to 25 %) for Conf-1 and increased the thermodynamic efficiency but not the net
power output for Conf-2. The improved thermodynamic efficiency reduced the load on
the condenser, which is an important consideration for automotive applications.

Published in Proceedings of 2nd ETA Conference, Berlin, Germany (2018)

Author contributions: All authors conceived of the presented idea. The author of this
thesis performed the modeling, simulations, and analysis and wrote the manuscript with
contributions from all authors.
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Publication D
"Experimental Investigation and Modeling of a Reciprocating Piston Expander for Waste
Heat Recovery from a Truck Engine"

An experimental setup with a two-cylinder reciprocating piston expander was constructed
to recover waste heat from the exhaust gases of a 12.8 L heavy-duty Diesel engine
using water as the working fluid. This publication focused on the performance of the
reciprocating piston expander in the setup. Based on the experimental results, a semi-
empirical model of the expander was calibrated. Subsequently, this model was adapted
so that it could be used to predict the effects of different working fluids and changes in
geometry. During the experimental campaign, the expander performance was measured
at 41 experimental points for four engine operating points (between 75 and 151 kW) over
a range of expander speeds (between 200 and 1800 rpm). The measured expander shaft
power ranged from 0.1 to 3 kW, corresponding to a relative power output of 0.1 to 2.6 %
of the engine power. Using the semi-empirical model, the separate effects of the valve
clearance and timing, heat losses, mechanical losses, pressure drop, and leakage were
quantified. Simulations using six different working fluids showed that the expander’s
filling factor (i.e. volumetric efficiencies) varied between 0.5 and 2.2 and its isentropic
effectiveness (i.e. efficiencies) varied between 0.01 and 0.50, depending on the cycle
conditions and working fluid. Simulations of the dominant engine operating points in a
driving cycle showed that the best performance was achieved with acetone and R1233zd(E)
using an expander with an optimized built-in volume ratio and inlet valve timing.

Published in Applied Thermal Engineering (2021)

Author contributions: All authors conceived of the presented idea. The author of this
thesis planned and carried out the experiments, performed the modeling, simulations, and
analysis, and wrote the manuscript with contributions from all authors.
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Publication E
"Exhaust Waste Heat Recovery from a Heavy-Duty Truck Engine: Experiments and Simu-
lations"

The high-temperature waste heat recovery setup described in paper D, in which the heat
is recovered from the exhaust gases of a 12.8 L heavy-duty Diesel engine using water as
the working fluid, was used to evaluate the performance of the full Rankine cycle. The
experimental results from the previous publication were extended with five additional
experimental sets whose results were used to calibrate and validate models of the main
components in the cycle, namely the pump, pump bypass valve, evaporator, expander, and
condenser. The experiments enabled the development of more detailed component models
that could be used to estimate the performance of the system under conditions outside the
experimental range, with different working fluids, and over a driving cycle. Experimental
results with expander power output measurements were obtained for a limited range of
engine operating points, revealing an expander power between 0.1 and 3 kW with water as
the working fluid. Using steady-state models calibrated against the experimental data, the
performance of the WHR system was simulated over the full operating range of the engine
during a long haul driving cycle. With water as the working fluid, the predicted net power
output ranged between 0.5 and 5.7 kW during the driving cycle. Simulations were also
performed with cyclopentane and ethanol as the working fluids instead of water; in these
cases, the net power output varied between 1.8 and 9.6 kW and between 1.0 and 7.8 kW,
respectively. The recovered energy relative to the engine power (which is roughly equal to
the reduction in fuel consumption) during the driving cycle was 3.4 % for cyclopentane,
2.5 % for ethanol, and 1.6 % for water.

Submitted to Energy (2021)

Author contributions: All authors conceived of the presented idea. The author of this
thesis planned and carried out the experiments, performed the modeling, simulations, and
analysis, and wrote the manuscript with contributions from all authors. Olof Erlandsson
performed the modeling and simulations of the TitanX heat exchanger model.
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Publication F
"Optimization and Evaluation of a Low Temperature Waste Heat Recovery System for a
Heavy Duty Engine over a Transient Cycle"

Engine experiments on a 12.7 L heavy-duty Diesel engine were combined with a multi-
linear regression analysis to evaluate the effect of elevated coolant temperatures on the
indicated engine efficiency at a range of engine loads and speeds. The results of these
experiments were used as inputs for steady-state ORC models to predict the recoverable
power using ten different working fluids in a dual-loop configuration with the exhaust
gases and the coolant as the heat sources. During the experiments, the engine coolant
temperature was increased from 80 to 140 ◦C with no noticeable effect on the engine
efficiency, although the exhaust gas outlet temperature and coolant heat transfer were
affected. The simulations with an engine coolant temperature of 140 ◦C showed that
cyclopentane was the best performing working fluid for heat recovery from the coolant,
giving a maximum power output of 3.5 kW. Methanol performed best for the exhaust gases,
giving a maximum recovery of around 11 kW. The engine data and steady-state simulation
results for cyclopentane and methanol were used to predict the recovery performance
over the world harmonized transient cycle (WHTC). It was found that raising the coolant
temperature could improve the fuel consumption reduction from 5.3 % to 9 % when using
both the exhaust and coolant as heat sources for waste heat recovery.

Published as SAE Technical Paper 2020-01-2033 (2020)

Author contributions: The paper was written by Vikram Singh. The experimental
work was done by Vikram Singh with assistance from Xiufei Li and with Sebastian Verhelst
acting as the supervisor for the work done. The Rankine cycle modeling and simulations
were performed by the author of this thesis with Karin Munch and Sven B. Andersson
acting as supervisors.
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Publication G
"Experimental Results of an Organic Rankine Cycle with R1233zd(E) for Waste Heat
Recovery from the Coolant of a Heavy-Duty Truck Engine"

To complement the experimental setup for high-temperature waste heat recovery, an
experimental setup with an ORC for low-temperature waste heat recovery was constructed.
In this setup, the heat from the engine coolant of a 12.8 L heavy-duty Diesel engine
was recovered using R1233zd(E) as the working fluid. Nine engine operating points
(A25 – C75) were tested at various pump and expander speeds. The maximum expander
shaft power was 1.2 kW, the maximum estimated net power was 0.7 kW, and the maximum
net power relative to the engine was 0.7 %. Filling factors (i.e. volumetric effiencies)
and expander efficiencies ranged from 0.9 to 1.6 and 0.3 to 0.8, respectively. A simple
cycle model was developed using empirical models that were fitted to the experimental
results. In addition to this standard cycle model, an optimum model was defined using
more optimistic but still realistic efficiencies for the pump and expander. Simulations
were performed using both the standard and optimum model with typical radiator mass
flows and inlet temperatures for a long haul driving cycle. The predicted recovered energy
relative to the engine power (i.e. the predicted reduction in fuel consumption) was 0.73 %
for the standard system and 1.29 % for the optimum system.

Submitted to Energy Conversion and Management (2021)

Author contributions: All authors conceived of the presented idea. The author of
this thesis designed and constructed the experimental setup, planned and carried out the
experiments, performed the modeling, simulations, and analysis, and wrote the manuscript
with contributions from all authors.
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6 Discussion
This chapter compares the performance of the low- and high-temperature WHR systems
and investigates their performance under conditions outside the ranges available from the
experiments. The results presented in this chapter are based on the experimental data,
the calibrated models, and the driving cycles reported in Publication E and G for high-
and low-temperature WHR, respectively. It must be kept in mind that these systems were
not optimized and better performance should be achievable. To facilitate comparison,
results are given identifiers indicating whether they relate to low-temperature (LT) or
high-temperature (HT) WHR. Additionally, the temperature range is indicated by the
letter T followed by a number and the condensing pressure is indicated by the letter P
followed by a number. For example, results referring to low-temperature WHR with heat
source temperatures starting at 75 ◦C and a condensing pressure of 3 bar would have the
identifier LT_T075P3.

The discussion is divided into three main topics. Section 6.1 compares low- and high-
temperature waste heat recovery systems, evaluating the range of operating conditions in
the cycle and the performance achieved during two different driving cycles. Section 6.2
presents simulations conducted to determine how the power output and heat rejection are
affected by raising the coolant temperature while keeping the mass flow and heat transfer
rate from the engine constant over a driving cycle. Finally, Section 6.3 discusses the heat
rejection during a driving cycle.
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6.1 Low-Temperature vs. High-Temperature WHR
This section compares the operating conditions and performance of the ORCs for low-
temperature waste heat recovery (LT-WHR) and high-temperature waste heat recovery
(HT-WHR). The results of the steady-state cycle simulations for both systems (taken
from Publications E and G) are shown in Table 6.1. In these simulations, R1233zd(E)
was used as working fluid in the LT-WHR system and cyclopentane in the HT-WHR
system. Simulations were performed for 16 grid points that represent the whole engine
operating range during a driving cycle. Because of differences in the available data for
LT-WHR and HT-WHR, different driving cycle were simulated for the two systems.

Table 6.1: Range of cycle conditions at 16 engine operating points for low-temperature
and high-temperature WHR. Two different driving cycles were used.

ṁpmp pcond pevap Tcond Tevap Texp,in Texp,out

g/s bar bar ◦C ◦C ◦C ◦C

LT_T075P3 145 - 440 3.0 4.4 - 7.4 51 64 - 85 70 - 88 61 - 70
HT_T240P1 39 - 142 1.1 19 - 31 52 180 - 211 194 - 225 90 - 137

Q̇cond Q̇evap Ẇpmp Ẇexpr Ẇnet ηth ηexp

kW kW kW kW kW % %

LT_T075P3 27.9 - 88.1 28.6 - 91.7 0.2 - 0.7 0.8 - 2.4 0.5 - 1.7 1.8 - 2.0 32 - 70
HT_T240P1 17.4 - 75.0 22.7 - 90.2 0.2 - 1.1 2.0 - 11 1.7 - 9.6 7.7 - 11 40 - 51

As expected, the evaporating pressures (pevap) and temperatures (Tevap) in the LT-WHR
system are much lower than in the HT-WHR system because of the lower temperature of
the heat source. Although two different driving cycles were used as inputs for the simula-
tions, the heat transfer rate in the evaporator (Q̇evap) is very similar for both systems. To
extract the same amount of heat at lower pressures and temperatures, higher mass flows
(ṁpmp) are required. Because of the chosen condensing pressures (pcond), the condensing
temperatures (Tcond) are almost the same for the working fluids in both systems. Because
these condensing temperatures are relatively low, rejecting heat to the environment may
be difficult; this issue is discussed in more in detail in Section 6.3. The absolute values
of the pump power (Ẇpmp) in both systems are very similar. However, the pump power
relative to the expander power (Ẇexp) is much higher for the LT-WHR system because it
has lower pump efficiencies and higher mass flows. The net power (Ẇnet) is much higher
in the HT-WHR system because of its superior ability to convert the extracted heat into
power, indicated by its greater thermodynamic efficiency (ηth). Since the HT-WHR has
lower mass flows and lower expander efficiencies (ηexp), the higher expander power is at-
tributable to the higher pressure ratio in the system, which results in a higher specific work.
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The steady-state results were used to generate performance maps of both systems over
the full operating range of the engine. These maps are shown in Fig. 6.1. As previously
shown in Table 6.1, the net power output is much higher for the HT-WHR system.
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Fig. 6.1: Net power for low-temperature (left) and high-temperature (right) WHR as a
function of the flow and temperature. The values at the edges were linearly extrapolated.

These performance maps were used to calculate the instantaneous power output during
the driving cycle (no transient effects were taken into account). The integrated results are
shown in Table 6.2. Because different driving cycles were simulated for the two systems,
their performance was compared based on the relative output, which is defined as:

W = W

Weng
(6.1)

The results show that the potential energy recovery achievable for the LT-WHR system is
around 0.7 % of the total engine work and 3.4 % for the HT-WHR system. Additionally,
the driving cycle analysis shows that in the LT-WHR system the energy consumption of
the pump significantly affects the net recovered energy.

Table 6.2: Driving cycle performance as a percentage of the total brake engine power.
Different driving cycles were used for high-temperature and low-temperature WHR.

Weng Wpmp,el Wexp,mech Wexp,el Wnet
∗

MJ % % % %

LT_T075P3 408 0.41 0.98 0.15 0.73
HT_T240P1 333 0.49 3.50 0.35 3.37

* Wnet = Wexp,mech +Wexp,el −Wpmp,el
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6.2 Elevated Engine Coolant Temperatures
This section compares the operating conditions and performance of the LT-WHR system
at two radiator inlet temperatures ranges of the engine coolant: the normal range
(75 to 95 ◦C) and a range that was increased with 20 K (95 to 115 ◦C). The results
of steady-state cycle simulations under these conditions are shown in Table 6.3, where
R1233zd(E) was used as working fluid. Simulations were performed for 16 grid points
spanning the full engine operating range during a driving cycle.

Table 6.3: Cycle conditions for 16 engine operating points and two coolant temperature
ranges.

ṁpmp pcond pevap Tcond Tevap Texp,in Texp,out

g/s bar bar ◦C ◦C ◦C ◦C

LT_T075P3 145 - 440 3.0 4.4 - 7.4 51 64 - 85 70 - 88 61 - 70
LT_T095P3 258 - 1387 3.0 6.3 - 10 51 78 - 98 82 - 100 67 - 73

Q̇cond Q̇evap Ẇpmp Ẇexpr Ẇnet ηth ηexp

kW kW kW kW kW % %

LT_T075P3 27.9 - 88.1 28.6 - 91.7 0.2 - 0.7 0.8 - 2.4 0.5 - 1.7 1.8 - 2.0 32 - 70
LT_T095P3 51.1 - 282 52.8 - 297 0.4 - 2.7 1.5 - 7.6 1.0 - 4.9 1.7 - 2.0 24 - 39

The elevated coolant temperatures enable the use of higher evaporating pressures (pevap)
and temperatures (Tevap). Additionally, more heat can be extracted from the heat source
(Q̇evap), leading to higher mass flows (ṁpmp). Although the elevated coolant temperatures
allow for a higher heat transfer rate from the engine to the cycle, they could also reduce
the heat transfer rate to the engine coolant during combustion, an effect not taken into
account here. In the studied system, the higher heat transfer rate was the reason for
the improved performance; this is visible from the thermodynamic efficiency (ηth), which
is almost equal for both systems. Expander efficiencies (ηexp) have dropped, although
it must be considered that a simple empirical model for the expander was used which
might not be suitable for elevated coolant temperatures. As before, these results were
used to generate performance maps covering the engine operating range, as shown in
Fig. 6.2. These maps show that raising the coolant temperature can lead to significant
improvements in potential net power output. Raising the coolant temperature with 20 K
led to three times the power output of the LT-WHR system.
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Fig. 6.2: Net shaft power as a function of the radiator mass flow and inlet temperature.
The values at the edges were linearly extrapolated

These performance maps were used to calculate the instantaneous power output during
the driving cycle (no transient effects were taken into account) for the normal and elevated
coolant temperature ranges, giving the result shown in Fig. 6.3. The coolant temperatures
in the LT_T095P3 case where 20 K higher than those in the LT_T075P3 simulations
but the mass flow and total available heat were kept constant.

Fig. 6.3: Net shaft power over the driving cycle for the normal and elevated radiator inlet
temperatures.

The net power output for the normal coolant temperatures (LT_T075P3, plotted in
blue) was between 0.2 and 1.6 kW during the driving cycle. Surprisingly, the results
for the elevated coolant temperatures (LT_T095P3, in orange) are only slightly better,
although the potential is much higher. The reason is visible in Fig. 6.4, which shows the
LT_T075P3 values of the heat rejected in the condenser (Q̇cond) and the radiator (Q̇rad),
which together constitute the total rejected heat, as defined in Eq. (6.2).

Q̇amb = Q̇rad + Q̇cond (6.2)
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Since there was no coupling to the engine performance in the simulations, the total rejected
heat (Q̇amb) was kept constant. Fig. 6.4 shows even at normal coolant temperatures,
there was little available heat left to extract by the LT-WHR system. This means that
even when the coolant temperature is raised by 20 K, not much more heat is available.
Therefore, while the system with elevated temperatures has a much higher potential for
energy recovery, it could not extract much more heat from the system, limiting its power
output. Additionally, while a higher pressure ratio would lead to increased specific work,
the efficiency of this expander is inversely proportional to the pressure ratio. Since the
expander already operated at maximum speed (3000 rpm), the pressure ratio could not
be decreased, leading to lower expander efficiencies for the LT_T095P3 case.

Fig. 6.4: Condenser and radiator heat transfer rates in the LT_T075P3 case during the
driving cycle.

The integrated results are shown in Table 6.4, together with the total rejected heat during
the driving cycle. The total recovered energy relative to the total required engine work is
approximately 0.7 % in the normal coolant temperature case and 0.8 % in the elevated
coolant temperature case.

Table 6.4: Driving cycle performance as a percentage of the total brake engine power.

Weng Qrad Qcond Wpmp,el Wexp,mech Wexp,el Wnet
∗

MJ MJ MJ % % % %

LT_T075P3 408 16 172 0.41 0.98 0.15 0.73
LT_T095P3 408 0 188 0.51 1.12 0.18 0.80

* Wnet = Wexp,mech +Wexp,el −Wpmp,el

68



6.3 Heat Rejection
One of the biggest challenges in automotive WHR is the heat rejection to the surround-
ings, where several configurations for heat rejection are possible in a truck [133]. The
working fluid can be cooled by the ambient air (direct condensation), either by using
the ram air or a fan. Another option is to use an intermediate fluid such as the engine
coolant to condense the working fluid (indirect condensation). For the fluids examined
in this chapter, only direct condensation is viable because of the low condensing tem-
peratures of the fluids at the chosen condensing pressures. Although it can significantly
affect the performance of WHR systems [109], the power consumption of the fan is not
taken into account in this work. The big advantage of using the coolant for heat recov-
ery is that no extra heat is added to the system, unlike in the case of exhaust heat recovery.

One way to enhance the heat transfer rate is by raising the condensing pressure and
thereby raising the condensing temperature. To investigate this effect, the condensing
pressure was raised to 2 bar for the HT-WHR system and to 5 bar for the LT-WHR
system, resulting in a temperature of around 70 ◦C in both systems. The performance of
the LT-WHR and HT-WHR systems under these conditions is shown in Table 6.5.

Table 6.5: Cycle conditions for 16 engine operating points using elevated condensing
pressures.

ṁpmp pcond pevap Tcond Tevap Texp,in Texp,out

g/s bar bar ◦C ◦C ◦C ◦C

LT_T075P5 34 - 293 5.0 4.3 - 7.6 69 63 - 86 71 - 88 72 - 79
LT_T095P5 143 - 589 5.0 7.5 - 11 69 85 - 104 89 - 107 78 - 86
HT_T240P2 35 - 139 2.0 25 - 35 72 197 - 220 209 - 233 100 - 140

Q̇cond Q̇evap Ẇpmp Ẇexpr Ẇnet ηth ηexp

kW kW kW kW kW % %

LT_T075P5 6.0 - 52.6 6.1 - 54.1 0.1 - 0.7 0.0 - 1.6 0.0 - 1.0 0.2 - 3.9 0 - 70
LT_T095P5 25.7 - 110 26.4 - 114 0.3 - 1.3 0.8 - 3.3 0.5 - 1.8 1.6 - 1.8 35 - 70
HT_T240P2 14.9 - 68.7 19.7 - 82.4 0.3 - 1.4 1.3 - 9.4 1.0 - 7.9 5.2 - 9.6 33 - 52

The results clearly show that increasing the condensing pressure severely reduces perfor-
mance. This is especially true for the LT-WHR system, where the pressure ratios were
already low and are reduced even further by raising the condensing pressure. Fig. 6.5
shows the net shaft power output of the LT-WHR system during the driving cycle for the
normal (P3) and elevated condensing pressures (P5) as well as the normal (T075) and
elevated coolant temperatures (T095). The biggest impact on the performance is seen for
the normal coolant temperatures; at the elevated condensing pressure, the pressure ratio
is so low at certain engine operating points that no power can be produced.
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Fig. 6.5: Net power for normal and elevated condensing pressures during the driving cycle.

Fig. 6.6 shows the net shaft power output for the HT-WHR system with cyclopentane for
normal and elevated condensing pressures. As a consequence of the higher condensing
pressure, the net power output is significantly lower throughout the driving cycle.

Fig. 6.6: Net power for normal and elevated condensing pressures during the driving cycle.

The integrated results for the whole driving cycle are shown in Table 6.6. Raising the
condensing pressure reduced the performance of the LT_T075 system from 0.7 to 0.3 %,
the LT_T095 from 0.8 to 0.6 %, and the HT_T240 from 3.4 to 2.5 % .

Table 6.6: Driving cycle performance as a percentage of the total brake engine power.
Two different driving cycles were used for high-temperature and low-temperature WHR.

Weng Wpmp,el Wexp,mech Wexp,el Wnet
∗

MJ % % % %

LT_T075P5 408 0.34 0.53 0.07 0.26
LT_T095P5 408 0.65 1.11 0.18 0.64
HT_T240P2 333 0.64 2.89 0.27 2.52

* Wnet = Wexp,mech +Wexp,el −Wpmp,el
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7 Conclusions
The overall aim of this thesis was to evaluate the thermodynamic performance achievable
with four different thermodynamic cycles using the low- and high-temperature heat sources
in heavy-duty engines for long haul trucks. To this end, the potential heat sources inside
the engine were identified, after which preliminary simulations were performed to identify
the best performing combination(s) of heat source, thermodynamic cycle, and working
fluid. Experiments and more detailed modeling were then conducted to obtain more
realistic evaluations of the achievable performance of the identified systems and to obtain
better insights into the physical phenomena governing their behavior. The conclusions
presented below draw on the experimental results and simulations to answer the four
research question formulated in Section 1.3.

Potential heat sources in a heavy-duty engine

Based on an energy and exergy analysis covering the full operating range of a heavy-duty
engine, four heat sources with potential for waste heat recovery (WHR) were identified.
The exhaust gas recirculation cooler (EGRC) and the exhaust gases are high-temperature
(HT) heat sources, while the engine coolant and the charge air cooler (CAC) are low-
temperature (LT) heat sources. The engine coolant is the most promising low-temperature
source because of its stable and high energy flow, although its temperature is relatively
low. The exhaust gases are the high-temperature source with the greatest potential due
to their high energy content and relatively high temperature.

Selection of heat sources, thermodynamic cycles, and working fluids

Four thermodynamic cycles for WHR were selected for further investigation: the organic
Rankine cycle (ORC), the transcritical Rankine cycle (TRC), the trilateral flash cycle
(TFC), and the organic flash cycle (OFC). Simulations of these cycles were performed
for a large selection of working fluids using the four previously mentioned heat sources
under representative engine operating conditions. Because the performance depends on
the heat source, the operating conditions, and the chosen limitations and constraints, it is
difficult to find a perfect combination of heat source, cycle, and working fluid. However,
the results permit some generalization. The best performing HT heat source was the
exhaust gas and the best performing cycles for HT sources were the ORC and TRC.
Relative power outputs of up to 5 % were achieved using these cycles to recover heat
from the exhaust gas. Although the ORC and TRC delivered comparable outputs in
this case, the ORC was favored because it is a more established technology and has
lower cycle pressures. The ORC also achieved the best performance for the LT heat
sources with relative power outputs of up to 1.5 %. Generally, the best performance was
obtained with acetone, benzene, cyclopentane, ethanol, or methanol as the working fluid.
Good non-flammable and non-toxic working fluids were R1233zd(E), MM, and Novec649,
although they achieved a lower power output.
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The heat sources were also combined in series using a single loop WHR system. Two
combinations were considered, one including all four heat sources (CAC-Coolant-EGRC-
Exhaust) and one without the engine coolant (CAC-EGRC-Exhaust). The best performing
cycles and working fluids in these simulations were in line with the previously presented
results. The peak relative power output for the CAC-Coolant-EGRC-Exhaust system was
around 7 %, while that for the CAC-EGRC-Exhaust system was around 8 %. Simulations
of a dual-loop ORC WHR system were also performed for a transient driving cycle
(WHTC), using cyclopentane for coolant heat recovery and methanol for exhaust heat
recovery. This system was predicted to reduce fuel consumption by up to 9 %.

Performance evaluation of LT- and HT-WHR systems

To support and validate the results from the cycle simulations, two experimental se-
tups were constructed: a high-temperature setup consisting of a Rankine cycle (RC)
with water that was used to recover the heat from the exhaust gases of a heavy-duty
engine, and a low-temperature setup consisting of an ORC coupled to a heavy-duty
engine that recovered heat from the engine coolant using R1233zd(E) as the working
fluid. In addition to providing valuable insights into WHR performance, experimental
measurements obtained with these setups were used to calibrate and validate detailed
cycle component models. The outputs of the experimental WHR systems were lower than
the previously predicted potential from the simulations, mainly because of the relatively
low expander efficiencies and system limitations that made it impossible to extract all
of the available heat. The detailed component models were used to simulate typical
conditions during a driving cycle. These simulations indicated that the LT-WHR system
could recover 0.73 % of the total required engine work, while the HT-WHR achieved 3.37 %.

Although the LT-WHR system performed considerably less than the HT-WHR system,
there are some advantages to using the engine coolant as a heat source. First, its relatively
low temperature means that the cycle temperatures and corresponding pressures are low.
This affects the choice for components and materials, potentially reducing the associated
costs. Another advantage is that the recovered heat is not added to the cooling load of
the truck (as is the case for exhaust heat recovery), although the heat must be rejected
at lower temperatures. The range of temperatures and mass flows in the cycle is also
limited, which could be an advantage for control of the system.

Performance considerations and improvements

The performance of any thermodynamic cycle depends on the efficiencies of its components,
and the experimental results showed that the studied systems were no exception to this
rule. Low expander efficiencies led to low expander shaft power outputs and low pump
efficiencies could significantly reduce the net power output. While good efficiencies are
certainly important for HT-WHR systems, they are especially important for LT-WHR
systems because their lower pressures and temperatures mean that even small losses
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can lead to large performance penalties. And, since the pump power is such a large
portion of the expander power, it is important to select both an efficient expander and an
efficient pump. This means that especially for LT-WHR systems, careful considerations
are important during the design phase related to component efficiencies and dimensions
along with the dimensioning of the piping system and the suction pressure at the inlet
of the pump. Other important considerations for automotive WHR include costs and
the packaging. While it is possible to evaluate these other considerations using a techno-
economic optimization, the focus of this work was on thermodynamic performance of the
systems and, therefore, this was not included in the thesis.

Rejecting the heat to the surroundings may be more important for the performance of
WHR systems than extracting the heat from the heat source, especially for LT-WHR
systems. When using low condensing temperatures, the only feasible option for heat
rejection is direct condensation, i.e. rejecting the heat using the ram air of the vehicle or
the air flow from an (additional) external fan. Increasing the condensing pressure in the
cycle leads to higher condensing temperatures and thus enhances heat transfer, albeit
at the cost of a lower pressure ratio and thus reduced cycle performance. Simulations
showed that during a driving cycle under normal engine operating conditions, increas-
ing the condensing temperature from 50 to 70 ◦C reduced the relative recovered energy
from 0.7 to 0.3 % for the LT-WHR system and from 3.37 to 2.5 % for the HT-WHR system.

The only feasible way of achieving efficient low-temperature waste heat recovery is
to increase the engine coolant temperature. Elevated coolant temperatures allow for
higher pressures and temperatures in the cycle, improving the specific work. Higher
temperatures could enhance heat extraction and thus increase power output, while raising
the evaporating pressure in the cycle could make it possible to increase the condensing
pressure, which is important for heat rejection. Although simulations based on the
experimental LT-WHR setup showed that raising the coolant temperature by 20 K caused
only minor improvements in the relative recovered energy (from 0.73 % to 0.80 %), this was
mainly due to limitations of the studied system. Other steady-state cycle simulations over
a transient driving cycle have shown that recovering the heat from the engine coolant at a
temperature of 140 ◦C could reduce the fuel consumption by almost 4.5 %, whereas only a
0.5 % reduction was predicted for an engine coolant temperature of 80 ◦C. Experimental
results reported in the same publications showed that the indicated efficiency of the engine
was not significantly changed by raising the coolant temperature; an important conclusion
if the efficiency of the whole system is taken into account.
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8 Future Outlook
It is difficult to say what the future role of waste heat recovery systems for heavy-duty
engines may be. This is not because their potential benefits are in question but because of
the uncertain role of the internal combustion engine in future transportation. Projections
suggest that by 2070, the dominant energy sources for heavy-duty transportation will
be fuel cells or batteries [5]. However, apart from the difficulty of predicting long-term
technological developments, these same projections suggest that in 2050 the majority
of trucks will still be propelled by an internal combustion engine. Therefore, to reduce
the impact of heavy-duty transportation on CO2 emissions, it is crucial to improve the
engine efficiency. Waste heat recovery is a powerful technology for this purpose because
among the available emissions reduction technologies, it offers some of the highest possible
reductions in fuel consumption. Based on the previously presented conclusions and
underlying research, a number of suggestions for future research can be formulated:

• The experimental setups and detailed simulation models for low-temperature and
high-temperature were developed separately in this work. However, to realize the
full potential of WHR, it may be better to combine these two systems into one.
Detailed dynamic simulation models could be used to develop control strategies for
such a system and experiments could then be performed to validate these strategies
and evaluate their performance. As an alternative to the standard Diesel engine, a
heavy-duty engine with hydrogen combustion could be used as the heat source.

• The potential benefits of elevated coolant temperatures could be further explored
by performing experiments with a combined engine and WHR system that permits
coolant temperatures above 150 ◦C. The full system efficiency (i.e. the efficiency
of both the engine and the WHR system) should be evaluated. In this study, the
lubricant oil of the engine can be taken as an additional heat source and studied for
its potential for WHR.

• Another possibility is to study not only the engine and WHR system as separate
systems, but as a system integrated in a hybrid electric truck. The goal would be
to optimize the thermal-electric system as a whole, including the air-conditioning
system, electric generators and batteries, engine cooling systems, waste heat recovery
systems, and so on. While this would be challenging (especially for academic research)
because of the massive scope and the availability of data and equipment, a full
system approach has the potential to deliver the greatest performance gains possible.

• Because of the importance of heat rejection during driving, a detailed study on
radiator performance could be highly beneficial. Topics could include the effect
and improvement of heat transfer characteristics during condensation as well as fan
power consumption optimization during typical driving conditions.
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