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ABSTRACT

Waste heat recovery is an effective method for improving engine efficiency. While most research on waste heat
recovery from heavy-duty engines focuses on the high-temperature heat sources, this paper investigates the
performance of a low-temperature system. The experimental setup features an organic Rankine cycle with
R1233zd(E) as the working fluid recovering heat from the coolant of a heavy-duty Diesel engine. Experiments at
multiple engine operating points indicated a maximum operating cycle pressure of 8 bar and temperature of
92 °C. Between 0.1 and 0.7 kW net shaft power was achieved with a thermodynamic efficiency between 1.1 and
1.8%, resulting in a maximum expander power of 0.7% relative to the engine power. A simple empirical model
based on the experimental results indicated that approximately 0.7% of the engine’s energy could be recovered
during a driving cycle, rising to 1.3% if a high efficiency pump and expander are used. The main contribution of
this paper lies in the presentation of the experimental setup and experimental results specifically dedicated to

recovering the heat from the engine coolant, which permits realistic evaluation of the performance.

1. Introduction

Global concern over rising CO, emissions and their effects on climate
change has led to regulations mandating emission reductions in all
relevant sectors. A considerable fraction of the emissions in the transport
sector originates from the burning of fossil fuels in engines of heavy-duty
trucks [1]. Despite great ongoing efforts to reduce society’s dependency
on the internal combustion engine, it will retain an important role for
the foreseeable future [2]. Therefore, improvements in engine efficiency
are needed to reduce the impact of transport vehicles. Short-term solu-
tions include increasing combustion efficiency, alternative fuels, loss
reduction, electrification, and waste heat recovery (WHR) [3]. Among
the available options for WHR, the organic Rankine cycle (ORC) is an
attractive choice, due to its promising performance and relatively low
complexity and costs [4]. Consequently, there have been numerous
studies on the ORC, including working fluid selection [5], expander
selection [6], cycle architectures [7], thermo-economical optimization
[8], and dynamic modeling [9]. WHR systems for internal combustion
engines typically target high-temperature (HT) heat sources (e.g. the
exhaust gas recirculation (EGR) cooler and the exhaust gas) due to their
high heat content and temperature, while low-temperature (LT) heat
sources (e.g. the coolant, the charge air cooler (CAC), and the lubricant
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oil) are ignored because of their lower temperature and potential [4].
This paper focuses on waste heat recovery from the engine coolant of a
heavy-duty Diesel engine. Although the temperature of the coolant is
low, it contains a considerable amount of energy due to its high mass
flow and specific heat, even exceeding the exhaust gas energy under low
speed, high load operating conditions [10,11]. An opportunity to
enhance the quality of the energy of the engine coolant is to raise its
temperature, which could improve the performance of WHR systems or
allow the use of higher condensation temperatures without reducing
system performance. While raising the coolant temperature could
adversely affect engine performance, coolant temperatures as high as
140 °C did not significantly impact the engine efficiency in experimental
studies [12].

The selection of a suitable working fluid for low-temperature WHR
has been extensively discussed in literature [13,14,5,15]. The optimal
choice depends heavily on the operating conditions of the heat source,
the chosen boundary conditions and limitations, and whether pack-
aging, economic issues, and environmental impact are taken into ac-
count. Popular choices include alkanes, alcohols, siloxanes, and,
especially for low-temperature WHR, refrigerants [13]. Refrigerants are
typically non-flammable and non-toxic, but their environmental effects
in terms of global warming potential (GWP) and ozone depletion po-
tential (ODP) might be of concern. In previous studies [16-19], R245fa

0196-8904/© 2021 The Authors. Published by Elsevier Ltd. This is an open access article under the CC BY license (http://creativecommons.org/licenses/by/4.0/).
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Nomenclature

h specific enthalpy (J/kg)
m mass flow rate (kg/s)
N rotational speed (rpm)
P pressure (Pa)

Q heat transfer (J)

Q heat transfer rate (W)
L pressure ratio (-)

T temperature (K)

v volume (m®)

%4 volume flow (m®/s)
w power (W)

w work (J)

Greek symbols

€ effectiveness (-)

n efficiency (-)

p density (kg/m®)

T torque (Nm)

¢ filling factor (-)
Subscripts

cond condenser

cool coolant

el electrical

eng engine

evap evaporator

exh exhaust

exp expander

mech mechanical

pmp pump

is isentropic

sh shaft

sub subcooling

sup superheating

th thermodynamic
Abbreviations

BPV bypass valve

cAC charge air cooler

EGR exhaust gas recirculation
ESC European stationary cycle
HT high-temperature

LT low-temperature

ORC organic Rankine cycle
TS thermostat

sV safety valve

WHR waste heat recovery

was identified as a particularly favorable refrigerant for WHR from en-
gines because of its thermodynamic potential. However, it is disfavored
nowadays due to its high GWP value of 858. Recent studies [20,21] have
shown that R1233zd(E) is a low GWP alternative with similar thermo-
physical properties, making it an environmentally friendly alternative to
R245fa. A previous simulation study by the authors [22], taking into
account a large selection of working fluids, has also shown that R1233zd
(E) gives good thermodynamic performance for WHR in heavy-duty
engines. For this reason, R1233zd(E) was chosen as the working fluid
for the experimental study presented in this paper.

There have been relatively few published studies in which the engine
coolant was investigated as the sole heat source for WHR in a heavy-duty
truck engine; the coolant is more commonly investigated as part of a
combined system that uses multiple heat sources from the engine.
Several studies are listed in Table 1. Peris et al. [23] focused on recov-
ering heat from the coolant using different architectures and working

fluids and found that SES36 was the best performing fluid, achieving a
net electrical efficiency of 7.15%. Rijpkema et al. [22] evaluated the
performance of four thermodynamic cycles for HT and LT sources in a
heavy-duty engine and found that the highest net power (1.8 kW) at a
100 kW engine operating point was achieved using the ORC with iso-
hexane, acetone, or cyclopentane. Mashadi et al. [24] investigated the
use of 19 working fluids for coolant heat recovery in a light-duty Diesel
engine and found that the maximum net power of 5.0 kW (7.9% of the
engine’s power) was achieved with ammonia. In a system with multiple
heat sources, single-loop configurations use a conventional ORC with
multiple heat exchangers, which may be combined in series, parallel, or
both. In dual-loop configurations, the heat rejected during condensation
in the HT loop is used to evaporate the fluid in the LT loop, allowing each
loop to use a different working fluid in order to maximize performance.
In combined-loop configurations, the HT and LT loops use the same fluid
and the expander outlet of the HT loop is connected to the expander inlet

Table 1
Selected publications on waste heat recovery from heavy-duty engine coolant.
Reference Year Study Heat source(s) Fluids(s)* Winax Winax
kw %

Peris et al. [23] 2013 Simulations Coolant SES36 - 7.2

Yuetal. [18] 2013 Simulations Coolant + Exhaust R245fa 15.5 6.0

Furukawa et al. [25] 2014 Experiments Coolant + Exhaust HFE 7.5
+ EGR

Yang et al. [19] 2014 Simulations CAC + Coolant R245fa 27.9 11
+ Exhaust

Shu et al. [26] 2016 Simulations CAC + Coolant Toluene + R143a 33.9 14
+ EGR + Exhaust

Chen et al. [27] 2017 Simulations Coolant + Exhaust Cyclopentane 29.0 9.5

Liu et al. [28] 2018 Simulations Coolant + EGR Cyclohexane 21.3 9.0
Exhaust

Rijpkema et al. [22] 2018 Simulations Coolant Isohexane 1.8 1.8

Rijpkema et al. [29] 2019 Simulations CAC + Coolant Acetone, Cyclopentane 6.5 6.5
+ EGR + Exhaust

Mashadi et al. [24] 2019 Simulations Coolant Ammonia 5.0 7.9

Thantla et al. [30] 2019 Simulations Coolant + Exhaust R1233zd(E) 7.0 5.5

Singh et al. [12] 2020 Simulations Coolant + Exhaust Cyclopentane + Methanol 14.0 9.0

*Best performing working fluid(s).
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of the LT loop; consequently, only one condenser is necessary. Yu et al.
[18] studied the effect of preheating R245fa with the engine coolant
before evaporating it using thermal oil heated by the exhaust gas. Their
simulations indicated a maximum expander power of 15.5 kW, corre-
sponding to a relative power of 6.0%. In their experimental study,
Furukawa et al. [25] recovered heat from the exhaust gases, the EGR,
and the engine coolant using a single-loop in series, resulting in a 7.5%
reduction in fuel consumption. Yang et al. [19] simulated a dual-loop
configuration with R245fa in a HT loop using the exhaust gases and a
LT loop using the CAC, HT condenser, and the engine coolant. This
system achieved a power output of 10.0 kW for the HT loop and 17.9 kW
for LT loop, resulting in a combined relative power of 11%. Shu et al.
[26] reported simulations of a dual-loop configuration with eight
different working fluid using a combination of the CAC, the coolant, the
EGR, and the exhaust gases. This system performed optimally with
toluene in the HT loop and R143a in the LT loop, delivering a maximum
power output of 33.9 kw (14%). Chen et al. [27] simulated dual- and
combined-loop configurations with six different working fluids and
found that the combined-loop with cyclopentane gave the best perfor-
mance with a net power of 29.0 kW and a relative power of 9.48%. Liu
et al. [28] examined eight alkanes in a single-loop series configuration
with two-stage expansion. Cyclohexane offered the best performance,
achieving absolute and relative power outputs of 21.3 kW and 9.0%,
respectively. Rijpkema et al. [29] investigated fifty working fluids in
four different thermodynamic cycles using the CAC, engine coolant,
EGR, and exhaust gases as the heat sources. Two single-loop series
configurations were simulated, one with and one without the engine
coolant. In this study, a maximum net power of 6.5 kW at a 100 kW
engine operating point was obtained using the ORC with acetone,
cyclopentane, ethanol, or methanol as the working fluid. Thantla et al.
[30] used simulations to predict the performance of a combined-loop
configuration with R1233zd(E) using the exhaust gases and engine
coolant and achieved a maximum power output of 7 kW, leading to fuel
savings of 5.5%. Singh et al. [12] combined cycle simulations and engine
experiments to study the effect of elevated coolant temperatures in a
dual-loop configuration using ten working fluids, with the exhaust gases
and coolant as heat sources. The best results were obtained with meth-
anol in the HT loop and cyclopentane in the LT loop, delivering 10.5 and
3.5 kW, respectively, leading to a potential fuel consumption reduction
up to 9% over a driving cycle. Although, for performance reasons, it
makes sense to include HT sources for engine WHR, a dedicated coolant
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heat recovery system has some distinct advantages. First, there is no heat
load added to the system. Of course, this has the disadvantage that heat
is rejected at a lower temperature, but the adverse impact is reduced by
improved heat transfer characteristics during condensation. Second,
although low pressures and temperatures are detrimental to thermo-
dynamic performance, they could be beneficial from a mechanical and
economical perspective. Finally, such systems are less complex than
multiple loop systems even though they require an extra radiator.

This paper presents an experimental evaluation of the performance
of a LT-WHR system and uses the experimental results to develop a
simple empirical model to evaluate the system performance over a
driving cycle. Experimental studies presenting detailed empirical results
on waste heat recovery from heavy-duty engine coolant are very scarce.
Therefore, the main contribution of this paper is the presentation of the
experimental setup and results of an ORC coupled to a heavy-duty en-
gine using R1233zd(E) as the working fluid. Not only can this serve as a
useful reference for further simulation studies, the experimental results
were also used to develop a simple empirical model to give a realistic
evaluation of such a system in a long haul driving cycle.

2. Experimental Setup

This section provides an overview of the system components and
sensors. Fig. 1 and 2 show the test cell containing the experimental setup
of the low-temperature waste heat recovery (LT-WHR) system and the
heavy duty Diesel engine with the corresponding schematic overview
and locations of the sensors shown in Fig. 3. The specifications of the
components are summarized in Table 2 and the measurement accuracies
of the sensors are listed in Table 3. More detailed information on each of
the main components (engine, pump, evaporator, expander, and
condenser) is given in the Experimental Results 3 section.

The engine is a 12.8 L Volvo heavy-duty Diesel engine used in long
haul trucks. The engine coolant which is used as the heat source for the
WHR system, is a 50/50 volumetric mixture of water/ethylene-glycol.
The coolant pump is connected to the crankshaft of the engine. There-
fore, the engine speed controls the pump speed and thereby the coolant
volume flow. Some of the coolant is recirculated in the engine and part is
directed to the radiator. The flow to the radiator is controlled using the
engine thermostat, which starts opening at 82 °C and is fully open at
92 °C. In the test cell, the radiator is replaced with a plate heat
exchanger cooled by the available process water. The engine coolant
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Fig. 1. Heavy-duty engine connected to the LT-WHR setup.
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Fig. 2. LT-WHR pump, expander, and heat exchangers.
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Fig. 3. Schematic depiction of the experimental setup and sensors.

outlet is connected to the evaporator inlet with insulated hoses and a 3-
way bypass valve (BPV) is installed between the coolant outlet and
evaporator inlet to control the flow of coolant to the WHR system and
the radiator. Typically, during start-up, the coolant bypass valve is only
open to the radiator, allowing the engine to heat up. When the engine
reaches its desired temperature, the coolant valve is fully opened to the
WHR system, so that no flow is bypassed and all flow passes through the
WHR system.

The WHR system is an organic Rankine cycle with R1233zd(E) as the
working fluid containing 5% (mass) Emkarate RL 32-3MAF refrigeration
lubricant. Its pressure is regulated using an 12 L expansion tank with a

membrane. On one side of the membrane the air pressure is controlled
using a pressure regulator that takes compressed air from the test cell
and sets the condensation pressure for the working fluid on the other
side. A low-pressure safety valve is installed that vents directly into the
test cell in case the condensation pressure exceeds 8 bar(g). Working
fluid leaving the expansion tank enters the diaphragm pump, which
raises its pressure. As shown in Fig. 3, the system is fitted with a pump
bypass valve that allows the flow to the evaporator to be reduced even
when the pump is operating at its minimum speed. Although the pump
bypass valve was installed on the system, it was not used during the
experiments reported in this paper. From the pump, the working fluid
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Table 2
Cycle component specifications.
Component Brand Type Controller
Coolant bypass Siemens VXG41 3-Port seat valve Siemens SAX61
valve
Expansion tank Armatec AT Diaphragm
8321E12
Air pressure SMC ITV1050 Electro-
regulator pneumatic
Pump Wanner- Seal-less
Hydracell G10 diaphragm pump
Pump bypass Swagelok SS- Integral-bonnet Hanbay MCL-
valve 18RS12MM needle 000AF
Pump electric BEVI IE3 90-4- 250V,1450 rpm,  IMO iDrive
motor 150 1.5 kw EDX-220-21-E
Evaporator SWEP Plate, counter-
B250ASHx100 current
Expander GAST 6AM-FRV- Sliding vane, 4
5A vanes
Expander bypass ~ Swagelok SS- Integral-bonnet Hanbay MCL-
valve 18RS18MM needle 000AF
Expander inlet Biirkert 22192 Solenoid valve
valves
Expander BEVI IE3 3SIE 400V, 2920 rpm, Delta C2000
electric motor 112-M2 4.8 kW
Condenser SWEP Plate, counter-
B250ASHx60 current
High pressure Swagelok SS- Proportional
safety valve R4S12MM relief valve
Low pressure Swagelok SS- Proportional
safety valve RL4S12MM relief valve
In-line filters Danfoss Strainer
148B5243
Table 3
Accuracy of measurement devices.
Input Type Range Accuracy  Unit
Engine speed Schenck D900-1e 0- 6500 +2 rpm
Engine torque Schenck D900-1e —4000-4000 +8 Nm
Expander speed HBM T22 0-3000 +15 rpm
Expander torque HBM T22 —100-100 + 0.5 Nm
Cycle flow Micro Motion 0-600 +3.0 8/s
F025S
Engine coolant flow Rosemount 8800A 0-10 + 0.07 L/s
Cycle high pressure WIKA A-10 0-10 + 0.05 bar
(@)
Cycle low pressure WIKA A-10 0-6 + 0.03 bar
(€3]
Air pressure WIKA A-10 0-9 +0.05 bar
(€3]
Engine coolant WIKA A-10 0-4 + 0.02 bar
pressure (€3]
Temperature RS Pro Type K —75-1100 + 1.5 °C

enters the evaporator (a counter-current plate heat exchanger) in which
the heat is transferred from the engine coolant to the working fluid.
Before entering the slide vane expander, the fluid must be superheated
sufficiently to ensure vapor conditions at the inlet of the expander. If this
is not the case (e.g. during start-up), the expander inlet and outlet valves
are closed and the expander bypass valve is left open until sufficient
superheating is achieved. When sufficiently superheated, the expander
bypass valve is closed, the expander inlet and outlet valves are opened,
and the expander speed is set using the connected electric motor.
Additionally, a high-pressure safety valve is installed which is set to
open if the evaporation pressure exceeds 12 bar(g). At the expander
outlet, the working fluid is still in the vapor phase, but at a low pressure.
From there it enters the condenser (another counter-current plate heat
exchanger), where the fluid is condensed and subcooled using the pro-
cess water from the test cell. The process water flow and temperature are
not controlled, meaning that the condenser outlet temperature is similar

Energy Conversion and Management 244 (2021) 114500

to the process water temperature, which varies between 10 and 20 °C.
Since the system is typically operated at a condensation pressure of 3 bar
(=~ 50 °C), the working fluid is sufficiently subcooled before entering the
pump.

The engine is connected to a Schenck D900-1e water brake with its
own control unit, which is used to set the engine speed. The engine
torque is controlled using the standard gas pedal of a truck which is
mounted in the control room adjacent to the test cell. The measurements
for the engine are collected with a NI CompactRIO 9074 chassis con-
taining modules for acquisition of temperature, analog, and digital
sensor readings. Using a Labview interface, the data is converted to
physical signals and stored. The LT-WHR system has its own stand-alone
data acquisition and control system with another NI CompactRIO 9074
chassis connected to a separate Labview interface. MATLAB [31] and
CoolProp [32] are used for post-processing and evaluation of the data.

3. Experimental results

This section presents the experimental results of the main compo-
nents in the WHR system: the engine, the pump, the evaporator, the
expander, and the condenser. To evaluate the cycle performance, the
absolute and relative power output as well as the thermodynamic effi-
ciency are reported. In addition, experimental results containing the
influence of the engine coolant temperature and the condensation
pressure on the performance are presented. The maximum errors of the
derived physical quantities (i.e. the quantities not measured directly) are
calculated using the general rule for error propagation [33] shown in Eq.
(1). The resulting values are presented in Table 4 together with the
corresponding symbols and expressions. The errors for the expander
shaft power and its derived quantities are relatively large because the
measured expander torque values were low compared to the range of the
torque sensor.

dy 2
oy =/ 225 0% €

3.1. Engine

The heat for the LT-WHR system is provided by the engine coolant of
a Volvo D13K540 heavy-duty Diesel engine, whose specifications are
shown in Table 5. The coolant is a mixture of ethylene-glycol and water
in an approximate volumetric ratio of 1:1.

The WHR system was evaluated at nine different engine operating
points from the European Stationary Cycle (ESC) [34], named according
to the ESC classification: the letters A, B, and C represent different en-
gine speeds and the numbers 25, 50, and 75 indicate the percentage of
the maximum torque available at that engine speed. Contour maps of the
coolant mass flow (ri1..,1) and the coolant temperature leaving the engine
(Teoolout) are shown in Fig. 4. At the 25% load points the thermostat is not
fully open, restricting the flow. At the higher load points, the thermostat
is fully open. Since the coolant pump is mechanically coupled to the
engine, the mass flows at the higher load points are almost equal, except
for small differences in density.

The corresponding heat transfer rate from the engine to the coolant
(Qcool) is shown in Fig. 5, which is calculated from the mass flow (rit¢o01)
and the enthalpies at the inlet (heoo1in) and outlet (heoor0ue) Of the engine.
The values from the figure can be interpreted as the maximum energy in
the engine coolant available for waste heat recovery at the corre-
sponding engine operating point.

3.2. Pump

The specifications of the pump, shown in Table 6, are taken from the
manufacturer’s data sheet [35]. The efficiencies of this pump at various
pressures were determined in an earlier study [7] and were used here
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Table 4
Maximum errors and equations for the derived quantities.
Quantity Max. Error Symbol Equation
Engine power +1.50 % Weng 27T engNeng /60 @
Engine coolant mass flow +6.55% Ticool Peoot.out Veool.out 3)
Engine coolant heat transfer rate + 6.56 % Qeool Teool (Meoot,out — Reoolin) 4
Pump shaft power +3.25% Womp Titgmp (Pomp.out = Mpmpiin) /Mpmp (5)
Evaporator heat transfer rate +3.18% Qevap Titpmp (Revap.out — Mevap,in) 6)
Expander shaft power +18.8% Wexp 27T expNexp /60 @)
Filling factor +3.98% b tpmp/ (Pexp in VexpNexp /60) ®)
Expander efficiency +19.1% Nexp Wexp /(Mo [Pexpin —Mexp.outis]) ()
Expander isentropic effectiveness + 0.55 % €isexp (hexp.out —Hexpiin) / (Rexp.outis —Hexp.in) (10)
Condenser heat transfer rate +3.18% Quond Tpmp (Reond in —Reond.out) an
Cycle net power +19.1% Whet Wexp —Wpmp (12)
Cycle thermodynamic efficiency +19.4 % M Wt /Qmp 13)
software, the heat exchanger was sized for the estimated maximum heat
Tab.le 5 o load during the experiments while minimizing the pressure drop.
Engine specifications. . i .
The evaporator heat transfer rate (Q.y,p) is shown on the left of Fig. 7.
Type Volvo D13K540, EUGSCR A comparison of this heat transfer rate to the available coolant energy
Configuration 4 Stroke/ 6 Cylinder inline/ EGR (Quoo) in Fig. 5 suggests that only a fraction of the available coolant
Peak power 397 kW (540 hp) . . P
energy was transferred to the working fluid. This is shown clearly on the
Peak torque 2600 Nm K i o
Compression ratio 17.0:1 right of Fig. 7, where the evaporator heat transfer rate is divided by the
Bore x Stroke 131 x 158 mm available coolant energy, revealing that only between 10 and 60% of the
Displacement 12.8 L available heat was recovered. There are two main reasons for this. First,

estimate its efficiency as a function of the pressure differential over the
pump.

Diaphragm pumps are insensitive to pressure, meaning that the mass
flow (7itpmp) depends mainly on the pump speed (Npmp), as shown on the
left of Fig. 6. The figure also shows that the pump speed did not exceed
450 rpm during the experiments even though the maximum speed is
1450 rpm. This was due to the large fluctuations in the pump inlet
pressure at higher pump speeds. The corresponding power output
(Wpomp) is presented on the right of Fig. 6 and was calculated by dividing
the energy added to the flow by the estimated efficiency, as shown in Eq.
(5) in Table 4. The variation in pump power at each pump speed cor-
responds to the variation in pump outlet pressure.

3.3. Evaporator

The evaporator was selected based on design software from the
manufacturer [36]; its specifications are shown in Table 7. Using the

"hcool [g / S]
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due to the limitations on the pump speed, the mass flow in the cycle was
insufficient to extract all the available heat from the engine coolant.
Second, part of the available heat from the engine coolant was lost be-
tween the engine outlet and evaporator inlet.

3.4. Expander

The expander is an air motor whose vanes and shaft seal were
replaced to withstand higher temperatures and pressures. The specifi-
cations of the expander are based on the data supplied by the manu-
facturer [37] and previous geometrical measurements [38]. These
measurements were used to estimate the displaced volume with the
following equation [39]:

Vexp = 2eL(zD — ms) )

The mass flow in the system was controlled by the pump speed
(Npmp), the pressure by the expander speed (N.,), and the heat input
depended on the engine operating point. Both the pump and expander
speed were varied at each of the nine engine operating points

Tcool,out [O C]
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Z
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2
o
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Fig. 4. Engine speed-torque map showing the engine coolant mass flow (left) and outlet temperature (right).
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Fig. 5. Engine speed-torque map showing the engine coolant heat transfer rate.

Table 6

Pump specifications [35].
Brand Wanner-Hydracell G10-X
Type Seal-less diaphragm pump
Displacement Vomp 0.023 L
Max. speed Nomp 1450 rpm
Max. volume flow mep 33.4 L/min
Efficiency [7] Nomp 0.24-0.40

(A25-C75), which is shown in Fig. 8. Neither the pump nor the expander
were operated at their maximum speed because they were limited by
pressure fluctuations in the system. The expander inlet temperature
(Texp,in) and pressure (Peypin) are shown in Fig. 9 and 10. Because in most
cases the cycle mass flow was not limited by the available heat in the
engine coolant, the expander inlet temperature was close to the engine
coolant temperature at the inlet of the evaporator. The inlet pressure
was determined by the interaction between the pump and expander: a
high pump speed and a low expander speed led to a high system pres-
sure, and vice versa. Fig. 11 shows the resulting expander shaft power,
calculated from the expander torque and speed measurements using Eq.
(7) in Table 4. The maximum shaft power output of the expander was
around 1.2 kW at an expander pressure ratio of 2.2. The performance of
the expander can also be characterized by comparing it to the theoretical
performance using the filling factor (¢;) and the efficiency (1,,,). These
quantities are defined in Eq. (8) and (9), respectively, and their variation
with the expander pressure ratio is shown in Fig. 12.Table 8.
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3.5. Condenser

The condenser was selected using design software supplied by the
manufacturer [36] and had the specifications shown in Table 9. Using
the software, the heat exchanger was sized for the estimated maximum
heat load during the experiments while minimizing the pressure drop.

In all of the experiments discussed in this section, the condensation
pressure was kept at 3 bar, which corresponds to a condensation tem-
perature of around 50 °C. The heat rejected from the cycle in the
condenser (Qonq) is shown in Fig. 13. As expected, the condenser heat
transfer rate was less than the evaporator heat transfer rate due to heat
losses and power extracted by the expander. Because of the low tem-
perature in the cycle, the heat loss and extracted power were relatively
low, meaning that almost all heat transferred to the cycle was rejected in
the condenser.

3.6. Cycle

The performance of the LT-WHR system was evaluated using the net
(shaft) power of the cycle (W) and the thermodynamic efficiency (5,),
which are defined in Eq. (12) and (13) and shown in Fig. 14. The net
power is the expander power minus the pump power and its maximum
was close to 0.7 kW. It is important to note the pump’s significant power
consumption, which ranged from 33 to 93% relative to the expander
power. Due to the high energy content but low temperature of the heat
source, the mass flow in the WHR system had to be large to extract this
energy, leading to a high pump power. The thermodynamic efficiency,
which indicates how well the extracted heat is converted to net power,
reached a maximum of 1.8% for the system under investigation in this
paper.

The objective of a WHR system is to maximize its power output using
the available waste heat. The engine operating conditions (and corre-
sponding power output) of heavy-duty engines change constantly during
real world use, so the cycle performance should also be evaluated
relative to the engine power. In the studied system, fluctuations in the
pump and expander inlet pressure limited the pump and expander
speed, preventing the system from extracting all the available heat. This
is shown in Fig. 15, where the net power relative to the engine power

Table 7
Evaporator specifications [36].

Brand SWEP B250ASHx100

Type Plate, counter-current
Max. pressure drop ADevap 3.70 kPa

Max. heat load Qmp 125 kW
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Fig. 6. Pump mass flow (left) and shaft power (right) as functions of the pump speed.
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Fig. 9. Expander inlet temperature as a function of the expander pressure ratio.

(Wnet/ Weng) is plotted against the ratio of the extracted heat and the
available heat (Qevap / Quoo1) for the different engine operating points. The
relative power clearly increased with the relative heat transfer rate,
indicating that the system performance was mainly limited by its ability
to extract heat from the coolant. Only at one operating point (A25), the
maximum pump speed (and thus mass flow) was limited by the available
heat in the coolant rather than the pressure fluctuations. At this oper-
ating point (the blue marker in the upper right corner in Fig. 15) the
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Fig. 10. Expander inlet pressure as a function of the expander pressure ratio.
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Fig. 11. Expander output power as a function of the expander pressure ratio.

WHR system extracted almost 60% of the available heat, giving a net
relative power of more than 0.7%. The pressure fluctuations signifi-
cantly impacted the system performance because it was unable to
operate at the performance level it was designed for; clearly visible from
the maximum pump speed of 450 rpm (of the available 1450 rpm) and
the maximum evaporator heat load of 50 kW (of the available 125 kW).
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Fig. 12. Expander filling factor (left) and efficiency (right) as functions of the expander pressure ratio.

Table 8
Expander specifications [37,38].
Brand GAST 6AM-FRV-5A
Type Sliding vane
Max. speed Nexp 3000 rpm
Max. volume flow Vexp 3750 L/min
Eccentricity e 5 mm
Diameter of cylinder bore D 82 mm
Number of vanes m 4
Vane thickness s 4 mm
Cylinder length L 63 mm
Displacement Vexp 0.152 L
Table 9
Condenser specifications [36].
Brand SWEP B250ASHx60
Type Plate, counter-current
Max. pressure drop ADcond 4.94 kPa
Max. heat load Qeona 116 kW
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Fig. 13. Condenser heat transfer rate as a function of the mass flow.
3.7. Condensation pressure

The condensation pressure is an important parameter of a LT-WHR
system because it directly determines the condensation temperature

and thus the temperature at which the heat is rejected. The condensation
pressure in the system was varied by regulating the air pressure in the
expansion tank while maintaining a constant expander inlet pressure,
effectively changing the pressure ratio. The effect of varying the
condenser inlet pressure (Pconain) On the condensation temperature
(Tsatcona) and net power (W) is shown in Fig. 16 for a selection of en-
gine operating points. As expected, increasing the condensation pressure
increased the condensation temperature and therefore allows for
enhanced heat transfer to the ambient. However, the net power output
decreased because the expander pressure ratio decreased.

3.8. Coolant temperature

The effect of the engine coolant temperature on the cycle perfor-
mance was studied by increasing the temperature of the coolant entering
the engine, thereby effectively increasing the engine coolant outlet
temperature. The engine coolant outlet temperature was increased from
its normal operating value of 92 °C to 107 °C in steps of 5 °C. During
these experiments, the pump speed was kept constant, while the
expander speed was varied between 1500 and 2100 rpm. The resulting
net power output for the different coolant temperatures is shown on the
left of Fig. 17. Increasing the coolant temperature had significant effects,
increasing the net power by almost 30% in some cases. Another positive
effect is shown on the right of Fig. 17, which shows the corresponding
pressure ratios at the same expander speeds and coolant temperatures.
Since the pressure ratio increased at elevated coolant temperatures, the
condensation pressure ratio could be increased. Although this would
reduce power output, it would increase the condensation temperature,
allowing for better heat rejection to the ambient. In this study, the
coolant temperature was limited to 107 °C, but even higher coolant
temperatures (> 120 °C), could lead to considerable gains for the WHR
system in terms of net power or condensation temperature.

4. Cycle Model

The modeling of cycle components may be broadly classified into
three approaches: empirical, semi-empirical, and deterministic [40].
Empirical models are based on expressions with selected variables that
were fitted on experimental results, whereas semi-empirical include
physical relations calibrated using the experimental results. Determin-
istic models are based on the equations of mass, momentum, and energy
to give a comprehensive description of the physical processes. Because
of the physical basis of semi-empirical and deterministic models, they
provide a deeper insight into the physical phenomena that occur and
allow for simulating the system outside the experimental range. How-
ever, this involves a more elaborate modeling approach and is typically
associated with higher computational costs [40]. In this study, the
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Fig. 14. Net cycle power (left) and thermodynamic efficiency (right) as functions of the expander pressure ratio.

0.01 ;
FI
&1 A50
0.008 || 101 AT5
& B25
o &+ B50
©0.006 || &' B
5} 4 C25
B &1 C50
~
3 0.004 | 1 CT5
0.002 |
0 . T L \

0 0.1 0.2 0.3 0.4 0.5 0.6

Qevap/Qcool [']
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experimental results were used as the basis for a steady-state empirical
model that is depicted schematically in Fig. 18. Although the empirical
model presented here is based on relatively few variables, the model
allows for an initial evaluation of the performance of this system in a
driving cycle, which can serve as a baseline for further study. The
coolant flow and temperature are used as inputs and four main com-
ponents were modeled: the pump, evaporator, expander, and condenser.

The pump flow fit in Eq. (3) is based on manufacturer data [35]. The
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volume flow (Vp, in L/min) depends on the pump speed (N, in rpm)
and is corrected for the outlet pressure (Pymp,our, in bar).

Vimp = 0.022Npmp — (0.001 Ny — 0.1)2 o )

The efficiency curve of the pump is based on published experimental
data for this pump [7] and depends on the pressure change. The pump
flow fit and the efficiency curve are shown in Fig. 19. The efficiency of
the pump was determined using linear interpolation between the data
points shown in the figure, where the pump pressure change was used as
input.

The heat exchangers are modeled as simple heat transfer devices
with an effectiveness of 1 (i.e., assuming no external heat losses) and a
pinch point temperature difference of 4 K. The performance of the
expander is determined by its filling factor (¢;), efficiency (7,,), and
isentropic effectiveness (¢;), as defined in Eq. (8), (9), and (10). To
obtain relations for these three performance factors, a simple fit based
on the pressure ratio was defined, as shown in Eq. )()()(4)-(6).

- max (0_957 @) @
1
=min| 0.7, -—/——— °
”cxr) mll’l( ’ 3.5'1n(rp.exp)> ( )
€ = max (O~57 nexp) (6)

To study the effect of the expander performance, an optimized
expander fit was also defined by increasing the values for the standard fit
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Fig. 16. Condensation temperature (left) and net cycle power (right) as functions of the condensation pressure for selected engine operating points.
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while maintaining the original profile, mathematically expressed as:
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The resulting fits and the corresponding experimental data are

:l visualized in Fig. 20.
- The models described above were implemented in MATLAB [31].
The fluid properties were taken from fluid maps generated using data

lFuel

)

i

v

J 1

THERMOSTAT

Process from the CoolProp database [32]. Using a constrained optimization

Water routine (fmincon) the mass flow of the pump and expander were

EXPANDER matched by varying the pump outlet pressure. A golden section search

. N was employed to find the expander speed that gave the highest net

'\I . power. Fig. 21 compares the experimental and the model values for the

EVAPORATOR CONDENSER % previously shown experimental results. The good fit for the expander
@: inlet temperature (Teyp;in), expander inlet pressure (Pepin), and pump

PUMP mass flow (ii1,m,) indicate that the simplified models of the pump, heat

exchangers, and expander filling factor provide good estimates. As ex-
pected, the expander power (Wexp) is not solely dependent on the
pressure ratio, causing the model to deviate from the experimental
values. Nevertheless, the performance estimates are good enough to use

RADIATOR o .
in simulations.
Process To evaluate the performance of the LT-WHR system, the radiator
Water mass flows and inlet temperatures during a long haul driving cycle are
Fig. 18. Schematic depiction of the LT-WHR model. used as input, which are shown in Fig. 22.

To reduce computational cost, the range of inlet conditions was
divided into a four by four grid. This grid is shown in Fig. 23 with the
relative time spent in each operating point during the driving cycle.
Simulations were performed for each center-point. The performance was
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Fig. 19. Pump mass flow (left) and its estimated efficiency curve [7] (right).
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estimated with using Eq. (5) and (9). At positive engine torque (z,¢) the
expander power is directly provided to the engine, while at negative
engine torque the expander power is converted into electrical power.

. Wom

mep.el =D (8)
Nei

. Wexp,mech = Nmech Wexp7 if Teng > 0

Wexp - Wexp.el =1y Wex];n if TengSO (9)

The mechanical and electrical efficiencies and the other constant
model parameters are summarized in Table 10, together with the con-
straints used in the model.

5. Modeling Results

The previously described 16 operating points were used as inputs for
the low-temperature cycle simulations whose results are shown in
Table 11. Two systems were simulated: the standard system, which uses
a variable pump efficiency (7,y,), as shown in Fig. 19, and uses the
standard expander fit (7.,), as shown in Fig. 20. Additionally, an opti-
mum system was defined, where the pump efficiency was set to a con-
stant high value of 0.5 and the optimized expander fit (7., ., ) Was used,
also shown in Fig. 20. The results clearly show that there is not much
difference between the two systems apart from the net power output
(W) and thermodynamic efficiency (7). Since the heat extraction
from the engine coolant is similar for both systems but the net power
output of the optimum system is higher, the optimum system has a
higher thermodynamic efficiency.

Based on the results of the simulations, performance maps of both
systems were generated covering the full operational range of simulated
engine operating points. The map for the standard system is shown on
left of Fig. 24 and that for the optimum system on the right. The maps
indicate that increasing the pump and expander efficiency can improve
system performance by over 50%.

The net power output during the driving cycle was determined using
the performance maps, as shown in Fig. 25. The values shown in Fig. 22
were used as inputs. Transient effects were not taken into account; if
included, they would mainly dampen the temperature (but not the mass
flow) fluctuations in the evaporator. The expander was allowed to run at
its optimum speed over the whole driving cycle. In practical applica-
tions, the expander speed would be determined by the engine speed (and
a gear ratio) when it is mechanically coupled to the engine. In addition
to the standard and optimum systems, results are shown using the
standard fit for the expander efficiency with a fixed pump efficiency of
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o
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Fig. 23. Relative time distributions of the different inlet conditions (radiator

mass flows and inlet temperatures) for the driving cycle. The total drive cycle
time (Atg.) is 3832 s.
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Table 10
Cycle inputs and constraints.
Inputs
Condensation pressure Peond 3 bar
Condensation temperature Teond 51 °C
Pump inlet subcooling temperature ATgp 5 K
Pinch point temperature difference ATy, 4 K
Heat exchanger effectiveness € 1
Electrical generator efficiency Nl 0.85
Mechanical coupling efficiency Mimech 0.98
Constraints
Evaporator outlet superheating temp. ATy >2 K
Expander speed Nexp 200-3000 rpm
Pump speed Nomp 100-1450 rpm
0.5.

The net power output is the difference between the power consumed
by the pump and that produced by the expander. The expander power
depends on the expander efficiency and the amount of heat extracted
from the heat source. In the simulations, the upper limit for heat
extraction was equal to the heat that was normally rejected by the

radiator during the driving cycle (Q,), computed using Eq. (10).

Ot = Orad + Qeona (10)

Since the WHR system takes the heat from the engine coolant, the
heat that is extracted does not need to be cooled in the radiator anymore.
The heat transfer rates for the condenser and the radiator during the
driving cycle are shown in Fig. 26. The figure shows that most of the
coolant heat is transferred to the LT-WHR system and in certain intervals
the radiator is not used at all.

The results for the driving cycle can be integrated over time to
evaluate the total energy recovered by the WHR system over the whole
driving cycle, as shown in Table 12. As is also visible from Fig. 26, the
integrated results indicate that most of the heat is rejected by the
condenser (91.5%). No significant effect on the heat transfer rate in the
evaporator is visible for the different systems. The total net recovered
energy for the standard system was 2.96 MJ, which corresponds to
0.73% of the work done by the engine, which roughly translates to an
equal reduction in fuel consumption. With a more efficient pump, this
could be improved to 0.87%. Improving the expander efficiency
increased the recovered energy even further to 1.29% relative to the
engine work. When the results from the driving cycle are compared to
the relative power improvements in Table 1, it is visible that the per-
formance of the WHR system in this study is much lower than the pre-
sented systems. This is partly because in the existing literature almost all
studies were taking multiple heat sources into account. Furthermore, the
setup under investigation in this paper can be optimized to improve its
performance. However, simulations tend to overestimate efficiencies
and underestimate losses, which is reflected in the difference in results.
This study shows that for a realistic evaluation of the system perfor-
mance, pump and expander performance, system losses, and heat
transfer to and from the system, must be carefully considered.

6. Discussion

e The fluctuations of the pump inlet pressure and the expander torque,
shown in Fig. 27, made it impossible to use the full capacity of the
WHR system. These fluctuations could have been caused by air in the
system or cavitation in the pump resulting from low suction pressure
or pipes with insufficiently large diameters.

e In the experimental results shown in this paper, the working fluid
was condensed using process water from the test cell. However, in a
real truck this heat would have to be rejected through a separate



J. Rijpkema et al. Energy Conversion and Management 244 (2021) 114500

Table 11
Range of cycle conditions for the 16 operating points.
Tilpmp Pevap Texpin Nexp Qcond Wnc\ oy Nexp
8/s rpm bar °C kW kw % %
Standard 145-440 4.4-7.4 70-88 2688-3000 27.9-88.1 0.5-1.7 1.8-2.0 32-70
Optimum 160-440 4.3-7.4 69-88 3000 30.5-88.1 0.8-2.9 2.5-3.5 45-80
R1233zd(E) Wiet [kW] R1233zd(E) Wiet [kW]
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Fig. 24. Net shaft power for the standard (left) and optimum (right) system as functions of the radiator mass flow and inlet temperature. The values at the edges were
linearly extrapolated.
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Fig. 25. Net shaft power for three LT-WHR systems during the driving cycle.
radiator (direct condensation) or an intermediate loop (indirect temperatures allow for an increased power output due to an
condensation). The lower temperature for heat rejection may increased pressure ratio in the cycle and could also enhance the heat
necessitate additional power from an existing or additional cooling transfer rate in the evaporator, although the available heat in the
fan, which would reduce the performance benefit of the WHR system engine coolant might decrease because of the reduced heat transfer
[9]1. rates during combustion. Using the engine coolant at elevated tem-
o The effect of the oil mixed into the working fluid was not taken into peratures could lead to potential fuel consumption reductions of
account. In the calculations and simulations it was assumed that the 4.5% [12]. The effect of raising the condensation pressure should
flow consisted exclusively of R1233zd(E) even though the working also be studied in more detail because of its importance for heat
fluid used in the experiments contained a significant amount of oil rejection in automotive applications. An interesting concept is to
(~ 5 mass%). control the condensation pressure based on the required cooling
e The fit for the expander efficiency was not sufficient to accurately capacity of the system to optimize the power output [9].
predict its power output. A more extensive expander model is thus e Finally, the system performance of the WHR system should be
needed to capture the behavior of the expander. This could be a more studied when integrated in a full vehicle model. In any practical
sophisticated empirical model or the semi-empirical model from application, a LT-WHR system will be a part of a complete thermal-
Lemort [41], calibrated with the available experimental data. electric system (including engine, air-conditioning unit, battery,
e Future simulation studies should focus on the effect of elevated etc.). The interactions between these systems must be properly tuned
coolant temperatures and condensing pressures. Higher coolant to optimize overall system performance.
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Fig. 26. Condenser and radiator heat transfer rate during the driving cycle for the standard LT-WHR system.

Table 12
Driving cycle performance with a total engine work requirement of 408 MJ.
Qrua Qeond Womp.el Wexp.mech Wexp.el Whe*
MJ MJ (%) MJ (%) MJ (%) MJ (%) MJ (%)
(%)
Standard 16 172 1.65 3.99 0.62 2.96
(8.5) (91.5) (0.41) (0.98) (0.15) (0.73)
Nomp = 0-5 16 172 1.05 3.98 0.62 3.55
(8.5) (91.5) (0.26) (0.98) (0.15) (0.87)
Optimum 16 172 1.05 5.45 0.84 5.25
(8.5) (91.5) (0.26) (1.34) (0.21) (1.29)

* Whet = Wexpmech + Wexpel =Wpmpeel
7. Conclusions

This paper presents the performance of a low-temperature waste heat
recovery system coupled to a heavy-duty engine in which R1233zd(E)
was used as the working fluid to extract heat from the engine coolant.
The aim of this paper is to present the details of the experimental setup
and to provide a realistic assessment of the performance of such a sys-
tem. With the help of simple empirical models, the results were also used
to estimate the net recovered power during a long haul driving cycle.
Based on the results obtained and the preceding discussion, a number of
conclusions can be drawn:

e Although the selected components of the experimental setup were
well dimensioned for WHR from the engine coolant of the heavy-
duty engine, the WHR system could not be operated at its full
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capacity for all engine operating points because fluctuations in the
pump inlet pressure and the expander torque limited the pump and
expander speed. These fluctuations were most likely caused by air in
the system or cavitation resulting from insufficient suction pressure
or underdimensioned inlet piping for the pump.

The experimental measurements showed a maximum evaporation
pressure of 8 bar, an expander inlet temperature between 88 and
92 °C, and a maximum expander shaft power of 1.2 kW. The
expander filling factor ranged between 0.9 and 1.7 and the expander
efficiency between 30 and 80%. For a range of engine operating
points and using an estimated efficiency for the pump, between 0.1
and 0.7 kW net shaft power was obtained with a thermodynamic
efficiency between 1.1 and 1.8%. A maximum of 0.7% of expander
power relative to the engine power was achieved.

The experimental results were used to develop simple empirical cycle
models to be able to estimate the performance of the experimental
system during a long haul driving cycle. The results suggested that up
to 0.7% of the required engine energy could be recovered. Simula-
tions with an increased pump and expander efficiency indicated that
it was possible to achieve an energy recovery of 1.3%. More accurate
simulations would require the development of a more sophisticated
expander model.

Experiments were performed to evaluate the influence of the
condensation pressure and engine coolant temperature on the cycle
performance. Increasing the condensation pressure from 1.5 to 5 bar
reduced the net power output from 0.7 to 0.1 kW, while raising the
coolant temperature from 92 to 107 °C delivered a potential net
power increase of 30%. Further simulations are needed to determine
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Fig. 27. Fluctuations in the pump inlet pressure (left) and the expander torque (right).
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the effect of these conditions on the performance during a long haul
driving cycle.
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